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I 
Summary 
The main objective of this research project was to study the feasibility and effectiveness of 
different modelling strategies available for the prediction of the propagation of structure-borne 
noise. A literature review of the helicopter cabin noise problematic is conducted in Chapter 1 in 
order to show the relevance of modelling correctly structure borne noise. 
The outcome of this project is a modelling methodology that is computationally effective and 
leads to satisfactory results in the prediction of structure-borne noise. 
Two modeling strategies are reviewed in Chapter 2, the deterministic and stochastic approaches, 
precisely the Finite Elements Method (FEM) and Statistical Energy Analysis (SEA). A hybrid 
theory that allies both FEM and SEA is introduced as a potential solution to overcome the mid-
frequency problem that occurs at the intersection of the domains of validity of FEM and SEA. The 
hybrid methodology is also used to alleviate the conceptual limitations of SEA (structure-borne 
excitation, complex junctions . . . ) . 
The theoretical background required to compare the deterministic, stochastic and hybrid 
approaches is introduced in Chapter 3, with emphasis on the hybrid approaches which constitute 
the originality of the present work. 
The experimental case study of an in-vacuo structural problem and a coupled fluid-structure 
problem is presented in Chapter 4. This case study serves as a baseline for the comparison of the 
different methods in Chapter 5. In this chapter, models developed using the different strategies 
available are presented and discussed in terms of computational cost as well as capability to lead 
to adequate results. 
Chapter 6 summarizes the main remarks regarding each technique and discussed the validity and 
relevance of the recently developed hybrid FEM-SEA and SEA-CMT techniques with a specific 
attention to the case of modeling structure-borne noise in helicopter cabins. 
II 
Resume 
L'objectif premier de ce projet de recherche etait d'etudier la faisabilite et l'efficacite de 
differentes approches de modelisation disponibles pour la prediction du bruit solidien. Une revue 
de litterature en ce qui a trait au bruit dans les cabines d'helicopteres est conduite au Chapitre 1, 
ce qui permet de demontrer l'importance de pouvoir predire la propagation du bruit solidien. 
L'apport principal the ce projet est une methodologie de modelisation qui est a la fois efficace en 
terme de temps de calcul et apte a predire de facon satisfaisante la propagation du bruit solidien. 
Au niveau des strategies de modelisation, deux grandes ecoles de pensee sont presentees au 
Chapitre 2, soit les approches deterministes telles que la Mefhode des Elements Finis et les 
approches statistiques telles que l'Analyse Statistique Energetique. Une approche hybride qui allie 
les deux ecoles de pensee est ensuite presentee comme une solution potentielle au probleme qui 
apparait a l'intersection des domaines de validite des approches deterministes et statistiques. 
Le bagage theorique permettant de comparer les approches deterministes, statistiques et hybrides 
est detaille au Chapitre 3. Une attention particuliere est portee aux approches hybrides qui 
constituent l'originalite du present projet de maitrise. 
Une etude experimental est conduite au Chapitre 4 pour un probleme de vibration structurale 
sans et avec rayonnement acoustique dans une cavite. Cette etude de cas servira de base de 
comparaison pour les differentes approches de modelisation qui sont explorees au chapitre 
suivant. 
Le Chapitre 5 est un chapitre d'application numerique ou les differentes approches de 
modelisations sont appliquees pour realiser un modele du cas experimental etudie au Chapitre 4. 
Les modeles developpes grace aux differentes strategies sont presentes et compares a la fois en 
terme de temps de calcul requis ainsi que par leur capacite a representer adequatement le cas 
experimental. 
Le Chapitre 6 se veut un sommaire des remarques ressorties concernant chaque strategie et 
discute de la validite et de la pertinence des approches hybrides developpees avec une attention 
particuliere portee au probleme de la propagation du bruit solidien dans les structures 
aeronautiques telles qu'une cabine d'helicoptere. 
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XIX 
1 Introduction 
Noise and vibration reduction in vehicles has become one of the major topics for research and 
development in aerospace, aeronautical and automotive industry for the last decades. Indeed, 
reducing noise pollutants and vibration will lead to both enhancements of the passengers and 
crew members' comfort and improvement of lifespan of the onboard equipment and vehicle 
structure itself. 
It is to be pointed out that improving crew members effectiveness and passenger comfort by 
reducing noise and vibration is already and will become a more and more important issue since 
European and American authorities have established regulations to limit the exposure times of 
crew member to noise and vibration in turboprop and helicopter aircrafts cabins; current 
regulations which are expected to become more rigid within the next decade. 
For instance, the U.S. Occupational Safety and Health Administration (OSHA) has determined 
that exposure to sustained sound levels above 90 dB can cause irreversible hearing damage. 
Consequently, OSHA has limited workers exposure to 90 dB sound levels to 8 hours a day. In 
addition, as a result to the logarithmic nature of the dB scale, exposure to 95 dB sound levels 
should be limited to 4 hours or less. It is then evident that reducing these exposure levels is of a 
major concern for aircraft manufacturers in order to remain at the top of a highly competitive 
market. 
In response to this context, this Master's Degree takes place in a thematic of research in the fields 
of modeling, validation and optimization of noise and vibration inside aeronautical vehicles, as 
defined in a Natural Sciences and Engineering Research Council of Canada (NSERC) Industrial 
Research Chair (IRC) program held by Professors Berry and Atalla. Conducted in collaboration 
with Bell Helicopter-Textron Canada (BHTC), this project focuses on prediction of structure-
borne noise propagation in helicopter aircrafts. 
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1.1 Technological problematic 
The interior noise levels in rotorcrafts is a major problem for helicopter designers and 
manufacturers, reaching levels from 20 up to 30 dB superior to those measured in fixed wings 
aircrafts. Both passengers and crew members in current commercial helicopters are exposed to 
high noise levels which cause speech interference and the need for increased vocal output for 
communication. The internal noise level of helicopters then becomes a very important comfort 
criterion from a commercial viewpoint. 
Another important criterion from a commercial point of view is speed and payload. Increases in 
engine powers and speed, coupled with advances in lighter and stiffer structures inevitably 
conducts to the need for extra soundproofing, so that the weight benefit achieved by higher 
horsepower density designs is often more than offset by the weight of added cabin treatment as 
discussed by p U S S A C et al., 1993] and [YORKIE et al., 1983]. 
As mentioned by [YORKIE et al., 1983], the architecture of present helicopters is generally 
responsible for a high level of noise inside the cabin since the propulsion system is in close 
proximity to the cabin and as previously discussed, massive addition of passive or active noise 
control in order to keep acceptable noise levels is always at odds with the objectives of increasing 
payload and aircraft performance with minimum added weight. 
Such limitations have motivated the use of numerical simulation of the vibroacoustic response of 
actual helicopters in order to be able to predict the effect of virtual modifications on the aircraft 
with a proper level of confidence in the results at a design stage of the future generations of 
helicopters, allowing increased efficiency in terms of time and costs of research and development. 
With an aim of reducing cabin noise levels in their civil helicopters, BHTC, in partnership with 
the Groupe d'Acoustique de FUniversite de Sherbrooke (GAUS), is investigating better active and 
passive noise reduction means. An initial Master's Degree project has been realized by Guillaume 
Cousineau-Bouffard [COUSINEAU-BOUFFARD 2005] on developing a Statistical Energy 
Analysis (SEA) model of the M430 helicopter in green configuration to perform predictive 
studies for airborne noise. Another Master Degree's project from Claire Balouet continued the 
latter work, applying passive noise control treatments (NCT) to the SEA model. Two other 
Master's Degree projects tackled active control application to helicopters, firstly with Julien 
Monet Descombey [MONET DESCOMBEY 2005] and then with Pierre Belanger 
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[BELANGER 2006]. The present work will concentrate on developing a robust method for 
modeling structure-borne noise (SBN) in the numerical helicopter model. 
1.2 The relevance for modeling the main gearbox structure-borne noise 
Adequate modeling of all the excitations in a vibroacoustic problem is of great importance in 
order to have a good estimation of the response of the system. Adequate modeling implies in this 
case to identify the major sources of excitation and take them into account with a sufficient level 
of details. 
It has been shown in the studies of input characterizations by [YORKIE et a/., 1983] that 
helicopter cabin noise sources are both vibratory and acoustic/aerodynamic. A noise sources 
ranking shown in Figure 1.1 has been conducted for an untreated helicopter cabin (green 
configuration) and the primary source is the main rotor gearbox (MGB) while secondary sources 
include the hydraulic systems noise, due to pressure fluctuations, followed by airborne noise from 
the boundary layer external aerodynamic perturbation on the fuselage, the engine casing noise 
radiation, the engine exhaust noise and the main rotor rotation. Other sources are the tail rotor 
and the cabin environmental control units (ECU), generated by the air-cycle machine and 
conducted to the cabin via ducts. 
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Figure 1.1: Noise source ranking for the Sikorsky S-76. Figure from [YORKIE etaJ., 1983]. 
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Figure 1.2 : Sikorsky bare cabin SPL. Figure from [YORK1E et al., 1983]. 
A typical noise spectrum of the Sikorsky S-76 helicopter cabin is displayed in Figure 1.2. It is 
noticeable that MGB noise is characterized by pure tones extending to high frequency. These 
discrete tones occur at gear mesh frequencies and their harmonics and are therefore an important 
source of both airborne noise and structure-borne noise (SBN) in the cabin. 
Work has also been done on the Bell 222 and Bell ACAP (Advanced Composite Airframe 
Program) helicopters in green configuration by [MATHUR & et al, 1988 a,b] in order to obtain 
analytical predictions and in-flight evaluations of cabin noise levels. They relate that helicopter 
cabin noise in an untreated configuration is usually dominated by the engines and MGB and that 
the gearbox is a source of both acoustic and vibratory energy. In flight noise data showed that 
both Bell 222 and ACAP cabin noise are dominated by the MGB as shown in Figure 1.3. 
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The reasons why the MGB is the main noise source in the cabin are discussed by 
[MATHUR & etaL, 1988 a,b] as: 
• Transmission noise is composed of discrete tones at gear mesh frequencies and their 
harmonics and is propagated as both structure-borne and airborne noise. 
• The dynamic forces resulting from the gear teeth meshing process within the gearbox are 
of a high frequency nature and excite a multitude of structural and acoustic modes. 
• The main transmission is situated in close proximity to the cabin and is coupled with the 
lighdy damped airframe which is an efficient radiator. 
• Primary gear mesh frequencies often fall within the ear's range of peak sensitivity. 
• Discrete tones are more annoying than broadband noise of the same level. 
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Figure 1.3 : Comparison of flight test and predicted SPL results inside the Bell 222 (left) and ACAP (right) 
helicopters (average cabin noise levels). Figure from [MATHUR & et al., 1988 a,b]. 
Similar remarks were made by [DUSSAC et al., 1993] stating that it appears that the coherence 
function between the cabin acoustic pressure and the MGB acceleration reference is high for the 
meshing frequencies and the excitation from the MGB is predominant in the medium frequency 
range. This therefore introduces the relevance of taking proper account of the effect on noise in 
the cabin from the MGB, that is, need for modeling properly both airborne and structure-borne 
transmission. 
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1.3 Scientific problematic 
In order to compare and optimize noise control in the Bell 430 Helicopter, it is of evident 
purpose to develop models to predict the vibroacoustic behaviour of the aircraft. With the 
increasing available computational power, many numerical techniques for modeling noise control 
engineering problems have emerged in the last two decades. 
Deterministic methods such as Finite Element Method (FEM) and Boundary Element Method 
(BEM) have been commonly used over the 90's. The major advantage of these deterministic 
methods is the possibility of modeling the behaviour of complex geometries with a high level of 
detail. However, even though these methods are a powerful tool for low frequency analysis, a 
problem is encountered at high frequencies, involving short wavelengths and thus requiring 
highly refined meshes. In addition to the latter problem, aircraft structures are complex structures 
in nature and proper modeling with a highly refined mesh involves large number of degrees of 
freedom (DOF) and thus extremely large computational expense. 
Stochastic approaches such as SEA appears a an appropriate approach for higher frequencies, 
reducing the calculation burden associated to the high number of D O F and reducing the level of 
details required for calculation. SEA is a statistical approach to model complex systems, for 
instance an aircraft, by dividing it into subsystems (groups of similar wave field). The 
vibroacoustic response of the system to external excitations is then obtained by computation of 
the average vibrational/acoustic energy levels in the different subsystems using the principle of 
power balances instead of calculating the displacements of tens of thousands of nodes. 
Determination of the response of the main subsystems representing the problem requires 
knowledge of the coupling loss factors (CLF) which represent energy flow between the 
subsystems, their respective damping loss factors (DLF) associated to energy dissipation in the 
subsystems, their modal density and finally the power inputs to the subsystems. The SEA 
parameters are time, frequency band, and spatially averaged to make the problem function of 
global rather than detailed properties. Energy levels are transposed into mean quadratic velocities 
and pressures, characterizing the unknowns of the vibroacoustic problem and making it possible 
to identify its main transmission paths. The basic theory and procedures for application of the 
SEA is discussed in detail by [LYON et aL, 1975, 1995] and [KEANE et al, 1993]. 
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However, loss of information occurs with SEA since its information is time, frequency band, and 
spatially averaged. This is particularly true when the mode count is low, which occurs at low 
frequencies or in small structural elements which are not large in comparison with the 
wavelengths. Also of concern is the proper modeling of complex connections between 
subsystems to determine the associated CLFs. 
The idea of combining deterministic and statistical methods by developing Hybrid FEM-SEA has 
been explored in the last decade in order to overcome the so-called mid-frequency problem. A 
classical Hybrid FEM-SEA approach consists in modeling via FEM the response of junctions 
between SEA subsystems, then determining the CLFs to be added to the SEA model. Since 
hybrid models showed improved but not perfect agreement with experimental data, work still has 
to be done in improving the Hybrid FEM-SEA method. 
In the current project, emphasis will be put on validating and extending the method proposed by 
[SHORTER et a/., 2004, 2005a,b,c,d] to typical aircraft structures, the method consisting of 
modeling a complex system with both deterministic (FEM) and random (SEA) domains coupled 
together. Coupling will apply by the fact that small or stiff components with low mode counts 
will be modeled deterministically while large ones which satisfy the SEA hypothesis will be 
modeled using SEA. This approach will be discussed in further details in section 3.3. 
In addition a substitute hybrid FEM-SEA method will be presented and the different methods 
will be compared using a case study. 
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1.4 Objectives 
The main objective of this Master's thesis is to review, develop and compare advanced and 
refined modeling strategies for structure-borne sound from main gearbox excitation in helicopter 
cabins. Different modeling strategies will be developed for a representative roof backed-cavity 
mechanically excited via a simplified helicopter gearbox-like structure. Numerical results will be 
compared to experimental data. 
The specific objectives are to: 
1. Conduct a literature review on helicopter cabin noise problematic 
2. Review the different modeling techniques available for the problematic of structure borne 
noise in helicopter cabins 
3. Illustrate the theoretical background required for the achievement of the project 
4. Compare models developed models 
a. using the different techniques for a structural in vacuo problem and 
b. extend the developed models to account for a coupled cavity 
5. Discuss about the validity of the developed techniques with a specific attention to the 
case of modeling structure-borne noise (SBN) in helicopter cabins. 
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2 Numerical approaches : a review 
With the increasing available computational power, many numerical techniques for modeling 
noise control engineering problems have emerged in the last two decades. An overview of two 
methods for modeling SBN has been briefly introduced in section 1.3: the Finite Element 
Method (FEM) and Statistical Energy Analysis (SEA). 
2.1 Determinist ic approaches 
2.1.1 Finite Elements Method (FEM) and its limitations 
As previously exposed, deterministic methods such as Finite Elements Method (FEM) and 
Boundary Elements Method (BEM) have been commonly used over the 90's. The major 
advantage of these deterministic methods is the possibility of modeling the behaviour of complex 
geometries with a high level of detail. However, even though it is a powerful tool for low 
frequency analysis, where the modal overlap factor is small, the latter being proportional to the 
modal density times the damping as discussed in [LYON et al., 1975, 1995], a problem is 
encountered at high frequencies with low damping, involving short wavelengths and thus 
requiring highly refined mesh, resulting in large numbers of DOF, thus unrealistic computational 
burden for complex structures such as an automotive or an aircraft fuselage with the present 
numerical facilities, given that these methods rely on dynamic equilibrium equations. 
In addition to the latter problem, [GAGLIARDINI 2005] pointed out that the overall detailed 
FEM modeling seems hopeless not to say meaningless, regarding vehicle diversity due to 
manufacturing imperfections resulting in variable physical properties or boundary conditions. 
Undeniably, one of the features of a realistic model is that account is taken for real world 
uncertainties as stated by [LANGLEY et al, 2005]. However, limitations occur since the system 
properties uncertainties might be known in a limited -way, and even if these uncertainties 'were to 
be known, the analytical and computational task of converting this to a description of the 
response via calculations would be cumbersome. It is stated by [LANGLEY et al, 2005] that 
systems become increasingly sensitive to imperfections with increasing frequency; also, at high 
frequencies it might be anticipated that the statistics of the response will be independent of the 
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detailed nature of the system randomness. Stochastic approaches such as SEA then become 
relevant. 
2.2 S t o c h a s t i c a p p r o a c h e s 
2.2.1 Classical Statistical Energy Analysis (SEA) and its l imitat ions 
SEA appears as an appropriate approach for higher frequencies, reducing the calculation burden 
associated to the high number of D O F and reducing the level of details required for calculation. 
SEA is a statistical approach to model complex systems, for instance an aircraft, by dividing it 
into subsystems (groups of similar wave field). 
The basic theory and procedures for application of the SEA is discussed in detail by 
[LYON eta/., 1975, 1995] and [KEANE eta/., 1993]. The vibroacoustic response of the system to 
external excitations can be obtained by computation of the vibrational/acoustic energy levels in 
the different subsystems with the principle of power balances. Energy levels are transposed into 
mean quadratic velocities and pressures, characterizing the unknowns of the vibroacoustic 
problem and making it possible to identify its main transmission paths. 
Given this principle, for a set of coupled subsystems j and k, with external excitation applied to 
the first, the equations are assembled into an SEA matrix and the system to solve can be 
expressed in conformity with [LYON eta/, 1975,1995] and [KEANE eta/, 1993]: 
CO 
_ {-Vjk)nj ( % + % , ) " * 
Where 7]. is the damping loss factor (DLF) of subsystem j , f].k is the coupling loss factor (CLF) 
for the energy exchange from subsystem j to k, n. is the modal density of subsystem j , Y\in . is 
the external power input to subsystem j and co is the frequency of excitation. To determine the 
energy levels EL and Ek, the SEA approach comes down to the determination of the main 
subsystems representing the problem, the CLF values between the subsystems, their respective 
DLF and modal density and finally the power inputs to the subsystems. It is important to state at 
n_ 
0 
(2.1) 
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this point the equation of reciprocity for the flow between two SEA subsystems as presented by 
\LYONetal, 1975, 1995], 
TIjknj=TIisnk (2 
which allows to express the power flow from subsystem^ to subsystem k (2.1) as 
'E, E, 
(„ - \ 
njk=ar}jknj J ^k 
KnJ n*J 
(2 
[CLARKSON et al., 1981] presented an overview about experimental determination of values for 
DLF and CLF. It is discussed that the simplest way to measure the damping loss factor is to 
excite the modes in a given frequency range and measure the decay of vibration after the 
excitation is cut off. It is found that this method is limited to work properly only when all the 
modes in the frequency band have similar damping values. 
An alternative energy approach suggested that knowing the average force and response, one will 
then be able to obtain the DLF. However, for obtaining proper results, it will be necessary to 
estimate the spatial average surface velocity from several accelerometers. It must be noted that 
the size of exciter and accelerometer mounts become important at high frequencies since its 
diameter can approach the wavelengths of the bending waves in the structure. Measured DLF 
with the suggested method were compared with those obtained from the decay method. 
Significant differences between both methods occurred, which were explained by 
[CLARKSON et al, 1981] from the fact that decay tests tend to be dominated by the mode in the 
band which has the lowest damping whereas the suggested energy method should give a value 
closer to the average of all modes in the band. Note that a recent comprehensive discussion on 
this subject is in Maxime Bolduc's PhD thesis [BOLDUC 2007]. 
Determination of coupling loss factors was discussed by [CLARKSON et al, 1981] and 
[FAHY 1993]. Energy transmission between adjacent subsystems can be modeled using 3 
different approaches in SEA as presented by [FAHY 1993]. 
Traditionally, the modal approach has been applied to construct the theory of SEA. This 
approach relies on the principle of calculation of power flow between two connected subsystems. 
In principle, CLF could also be determined experimentally from the principle that injected energy 
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in a subsystem equals the energy dissipated in this subsystem itself plus the transmitted energy to 
the connected subsystem. 
[CLARKSON et al., 1981] also suggested that knowing a priori die DLF of the driven subsystem 
from separate measurements, the total loss factor of the coupled subsystems can be measured and 
equated to the CLF (unknown) plus the driven subsystem DLF (known). However, when low 
coupling exists between both subsystems i.e. natural frequencies of both subsystems are not close 
enough one to the other, this method will not be appropriate since damping loss factors will tend 
to be up to two orders of magnitude greater than the coupling loss factors. [FAHY 1993] also 
discussed that the modal approach was generally not well suited for structural engineering 
application but was more practical for vibroacoustic problems involving fluids coupled to 
structures. An apparent limitation to this method in structural applications is the difficulty to 
collect sufficient number of point measurements for spatial averaging, 
A second approach introduced by [FAHY 1993] is the wave approach which relies on modeling 
the wave propagation at the interface between two connected subsystems and determine the CLF 
in terms of the wave transmission coefficient. Since propagating waves are mainly dependent on 
the dynamic properties of the wave-bearing medium, it is to notice that the CLF computed via 
this approach are not influenced by the damping in opposition to the modal approach. It is also 
to notice that this approach will be more effective if the modal overlap factor is greater than 
unity, since it is assumed in this method that transmitted waves returning to the connection after 
reflections in the subsystems are uncorrelated to the direcdy transmitted waves. As previously 
mentioned, the modal overlap factor is proportional to the modal density times the damping as 
discussed in [LYON et al, 1975,1995]. 
A third approach is the mobility approach to SEA presented by [FAHY 1993], 
[CACCIOLATIe^Z, 1993] and [MANNING 1993]. CLFs can be expressed by the use of 
mobility functions of the junctions between subsystems. In fact, knowing the forces and 
velocities the power transmitted through the interface is obtained as the time-averaged product of 
its related forces and velocities. Hence, one can evaluate the wave power transmission coefficients 
in terms of the junction mobilities in analogy to the modal approach. This approach will be 
extended in a hybrid FEM-SEA approach based on the mobilities of both FEM and SEA 
subsystems in Chapter 3. 
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Hypotheses of SEA 
As "S" in SEA stands for statistical, the SEA parameters are time, frequency band, and spatially 
averaged to make the problem function of global rather than detailed properties. Energy levels are 
transposed into mean quadratic velocities and pressures, characterizing the unknowns of the 
vibroacoustic problem and making it possible to identify its main transmission paths. The main 
assumptions that make SEA possible are: 
• large but not infinite subsystems; 
• low damping; 
• coupling loss factors r\-k between subsystems j and k is not influenced by coupling 
between other subsystems; 
• high modal density thus 
• high modal overlap; 
• diffuse field conditions; 
• equal repartition of energy between the modes; 
• low coupling between the modes and 
• statistically independent forces acting on each modal subsystem. 
The basic theory and procedures for application of the SEA are discussed in detail by 
[LYON etal, 1975, 1995] and [KEANE et al., 1993]. 
At the current point, it is pertinent to become aware of the fact that for a given frequency range, 
some components of the helicopter may satisfy the SEA assumptions while some other 
components may not. This introduces the limitations of SEA and will become the cornerstone 
for investigating numerical approaches that couple FEM and SEA. 
Limitations of SEA 
SEA appears to be a powerful tool in order to reduce the computational burden in modeling 
vibro-acoustic problems, however it must be kept in mind that this method has several 
limitations. As discussed by [SESTIERI et al., 1999], it is to be noticed that loss of information on 
the local response of the system occurs with SEA since the information is time, frequency band 
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and spatially averaged. This is particularly true when the mode count is low, which occurs at low 
frequencies or in small structural elements which are not large in comparison with the 
wavelengths. It is also a concern that adequate evaluation of the inputs to the SEA model that are 
the DLF, CLF, modal densities and power inputs to the system is usually a complex problem. 
[SESTIERI et at, 1999] also highlight that the definition of the appropriate modal subsystems is 
generally not a simple task because they do not necessarily coincide with the structural 
components, so that their definition relies on the experience of the analyst. 
It is also to keep in mind that the high mode count assumption might not be satisfied at low 
frequencies or in small structural elements which are not large in comparison with the 
wavelengths. As discussed by [CLARKSON et al., 1981], high impedance subsystems may also 
tend to fail satisfying the high modal density hypothesis of SEA since modal density is inverse 
proportional to impedance. 
Indeed, [CLARKSON et al., 1981] discuss that the point impedance of a structure is directly 
related to the modal density: A structure with many modes will be easily excited and on the other 
hand a structure with few modes will require a much greater dynamic force to set up the same 
level of vibration. Then, the mobility, which is the inverse of the impedance, is directly 
proportional to the modal density. Knowing the mobility by experimental measurements, one will 
be able to determine the modal density for a frequency band from fx to f2 via equation (2.4) 
1 
n(f) * — — - f 4 M 4 R e ( 7 ) # (2.4) 
Where M, A and Y are the mass per unit area, surface area and mobility respectively. Note that 
classical textbooks discuss the estimation of the modal densities for classical systems such as 
plates, shells, and cavities. On the other hand several papers have been published on the 
estimation of modal densities for complex systems (ribbed plates, composites, sandwich). The 
associated expressions and calculation methods can be found in [ATALLA 2005]. 
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2.3 Hybrid FEM-SEA approaches 
As the advantages and limitations of deterministic and stochastic approaches were previously 
stated, it appears attractive to attempt developing a hybrid FEM-SEA method in order to 
overcome the so-called mid-frequency problem that appears at the intersection of the fields of validity 
of both FEM and SEA modeling techniques. 
The idea of combining deterministic and statistical methods by developing Hybrid FEM-SEA has 
been explored in the last decade in order to overcome the mid-frequency problem. The following 
section will thus present three approaches which could be referred to as hybrid FEM-SEA 
approaches, hence the Classical SEA enhanced by virtual experimental data; the hybrid coupled 
FEM-SEA and the SEA enhanced by the Component Mobility modeling Technique (CMT). 
2.3.1 Classical Statistical Energy Analysis enhanced by virtual experimental data 
A classical Hybrid FEM-SEA approach consists in modeling via FEM the response of junctions 
between SEA subsystems, then determining the CLFs to be added to the SEA model. 
This approach is in fact similar to the standard experimental SEA that employs CLF computed 
from experimental data, consequendy, since an experiment is somewhat simulated, it refers to 
virtual experimental data. It is to be highlighted that it is assumed that adjacent connected 
subsystems do not affect the coupling between two connected subsystems. 
[SIMMONS 1989] stated that the average energy of a plate which can be derived from the 
squared and spatially averaged displacements in a given frequency band is easier to interpret and 
generally more accurate than the predicted displacements for given individual position and 
frequency. This statement will allow to use the mean quadratic velocities of the plates obtained 
from FEM simulations to determine SEA coupling loss factors instead of using wave 
transmission coefficients presented by [FAHY 1993] or junction mobilities. 
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2.3.2 Hybrid coupled FEM-SEA 
In the current thesis, emphasis will be put on validating and extending the general hybrid 
FEM-SEA method proposed by [SHORTER et al, 2004, 2005a,b,c,d] to overcome the 
mid-frequency problem. The latter method consists of modeling a complex system with both 
deterministic (FEM) and random (SEA) domains coupled together. Coupling will apply by the 
fact that small or stiff components with low mode counts will be modeled deterministically while 
large ones which satisfy the SEA hypothesis will be modeled using SEA. 
A deterministic FEM description of the short wavelength response requires a large number of 
DOF, consequently a large amount of computational expense while SEA provides a good 
description of subsystems that are two or three dimensional and large compared with a 
wavelength. 
Consequently, the approach involves splitting the structure up into a deterministic part and a 
series of fuzzy parts. The deterministic part is modeled using FE and the fuzzy parts are modeled 
using SEA. 
An example of application of the hybrid FE-SEA method in a structural vibration problem is 
proposed by [SHORTER et-A,. 2005b]. It is found that the ensemble average response predicted 
with the hybrid FEM-SEA approach is in good agreement with the FEM Monte Carlo 
simulations and thus the approach appears as a robust and computationally efficient way to 
model structural response of complex systems. Other examples are available in both 
[SHORTER ^al, . 2004] and [SHORTER tfal,. 2005d]. For a matter of conciseness, these 
validations are not presented in details in the present text but the main results are a significant 
reduction of the computational burden in all cases and good agreement between the hybrid 
method and Monte Carlo FEM simulations. 
It is also noticeable that the hybrid method enables additional diagnosis to be performed on the 
system to provide insights into the way in which energy is transmitted through a complex system. 
It is possible to perform a contribution analysis to see how much each global basis function 
(eg. Mode) contributes to the transmission of energy between the SEA subsystems. Examination 
of the mode shape associated with a basis function then provides insights into how the system 
can be modified to reduce the ensemble average transmission of energy in the system (for 
instance by moving the connection locations). 
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It is therefore possible to believe that combining deterministic and stochastic approaches together 
is a field of studies to explore in trying to find a solution for the mid-frequency problem, frequency 
range for which a system considered as a whole is neither perfectly deterministic nor perfecdy 
statistical. The goal is to obtain a method that accounts for necessary deterministic detail level 
without requiring the system to be completely modeled deterministically. 
As discussed by [SHORTER et al,. 2005a], determination of local energy flows in SEA between 
adjacent subsystems (the CLF calculation in SEA) often requires a detailed description of the 
local dynamic behaviour of the junction. The traditional wave approach to SEA as introduced in 
the section about Classical Statistical Energy Analysis (SEA) and its limitations typically provides 
good estimate for the CLF of junctions. However, if any of the subsystems connected to the 
junction are small compared with a wavelength, transmission of the energy through the junction 
is typically no longer governed by the local junction properties. It is hence often desirable to 
enhance local junctions detail using a local FEM model. 
The FEM and SEA subsystems are thus coupled using various "hybrid" point, line and area 
junctions and a fully coupled analysis is performed. Typically, two- and three-dimensional 
subsystems that contain several wavelengths are modeled with SEA while stiff subsystems and 
local junction details are modeled with FEM. Thus, since FEM models are used only on stiff 
subsystems, they can be used up to a much higher frequency domain. 
A detailed summary of the method is available in section 3.3 and in papers by 
[SHORTER «/al,. 2005d] and [COTONI & al. 2007]. 
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2.3.3 M o d e l i n g the power excitation from the main gearbox: SEA enhanced by 
the C o m p o n e n t Mobility m o d e l i n g T e c h n i q u e 
It is of prime importance to be able to characterize the mechanical excitations in order to predict 
the response of a vibroacoustic problem. Indeed, not only one has to model adequately the noise 
transmission but he must first know the inputs to the system. Relevant work has been conducted 
in the last 15 years in modeling the power inputs from mechanical sources attached to structures. 
[DUSSAC et a/., 1993] discussed the fact that the power supplied by the mechanical excitations 
at gearbox attachment can be estimated using the mobility concept. 
[OHLRICH 1995] presented a method for characterizing the input power defined by a set of 
terminal source powers from the gearbox to the structure of the helicopter. The source descriptor 
method is based upon the concept of equivalent sources, which assumes that a vibrating machine 
can be adequately represented by the complex vibratory power being produced by a set of 
uncorrelated, equivalent point forces. In such a practical application with a multipoint coupled 
gearbox, it was assumed that all cross coupling between transmission coordinates could be 
disregarded and for strut-type connections with simple support via ball and socket joints, it was 
judged acceptable to ignore transmission in the rotational coordinates, and thus retain only 
translational motions in the prediction. This assumption appears to be valid and has also been 
made successfully by [UNRUH et ai, 1999]. An approach for determining the power input to the 
airframe which consists in measuring free velocities of the gearbox and mobilities of both the 
gearbox and fuselage was developed. In the same way, [OHLRICH et a/., 1996] proposed a 
modified approach considering that the gearbox cannot always be removed from the aircraft. The 
approach then allowed determining the input powers by measuring the coupled mobilities of the 
gearbox and fuselage and the far field response of the fuselage and a calibration mobility 
measurement of the fuselage. 
In both cases, it has been found that a good estimate of the source power is achieved by using a 
small number of equivalent forces and that no improvement is obtained by employing a very large 
number of equivalent forces. It has also been found that SBN transmission to the fuselage is only 
little affected by changes in the static load of ball-and-socket joints as long as the latter actually 
are in contact. The power transmitted to the fuselage appeared to be successfully determined but 
the predicted transmission based upon estimated terminal source powers (power estimated from 
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the excitation) has appeared to be somewhat lower than expected. A potential explanation for 
those discrepancies is that the input mobilities could not be measured in the free conditions and 
had to be calculated from the coupled mobilities measured on the assembled gearbox-airframe 
system. 
Other works for characterizing input power have been done such as [MOORHOUSE 2001] for 
characterizing source power for components selection purposes in design. Suggested methods are 
still based on the measurement of free velocities of the source and mobilities of the source and 
receiver. It is stated that one of the major difficulties is that for SBN, the input powers depends 
not only on the source but on the mounting conditions and the receiver. 
It can then be concluded that input power characterization via measurement of free velocities and 
mobilities is an attractive tool but no perfect method exists yet. However, these studies will be 
used as a starting point for developing a Hybrid FEM-SEA approach based on the input 
mobilities of both deterministic and stochastic subsystems for determining the forced response of 
the studied system. 
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3 Theoret ica l background 
3.1 Experimental SEA 
As already exposed in section 2.2, it is of common practice to perform SEA modeling with CLF 
and DLF determined from experimental data. Determination of these factors is a major issue in 
modeling vibroacoustic problems via SEA. It is to be highlighted that it is assumed that adjacent 
connected subsystems do not affect the coupling between two connected subsystems. 
[SIMMONS 1989] stated that the average energy of a plate which can be derived from the 
squared and spatially averaged displacements in a given frequency band is easier to interpret and 
generally more accurate than the predicted displacements for given individual position and 
frequency. This statement allows using the mean quadratic velocities of the plates obtained from 
measurements to determine SEA coupling loss factors instead of using wave transmission 
coefficients presented by [FAHY 1993] or junction mobilities. 
[BIES et al. 1980] and [HOPKINS 2001] mentioned that it is suitable to perform measurements 
for several excitation points, allowing to obtain a satisfying modal statistical independence. 
[BIES et al. 1980] suggested that 3 or more excitation points per subsystem lead generally to a 
good approximation of modal statistical independence. 
In this work, it was chosen to determine experimentally the SEA loss and coupling factors from 
two approaches, first by SEA matrix inversion as presented by [HOPKINS 2001] and second by 
estimating the damping loss factors using the decay rate technique and calculating the coupling 
loss factors using a power equation balance as suggested by [CLARKSON et al., 1981]. 
3.1.1 Determination of the loss and coupling factors by SEA matrix inversion 
The vibroacoustic response of a system to external excitations can be obtained by computation of 
the vibration energy levels in the different subsystems with the principle of power balances. 
Given this principle, for a set of two coupled subsystems^' and k, with external excitation applied 
to the first, the equations are assembled into an SEA matrix and the system to solve can be 
expressed in conformity with [LYON et al, 1975, 1995] and [KEANE et al, 1993] 
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By exciting successively each of the subsystems, measuring the input power, the loss and coupling 
factors can be obtained by inverting the following system : 
h][E]4[n] 
(-rjJk) (%+%) 
Where rj. is the damping loss factor (DLF) of subsystem j , ij.kis the coupling loss factor (CLF) 
for the energy exchange from subsystem^ to k, Ejk is the energy of subsystem_/when subsystem 
k is excited, I I . . . is the external power input to subsystem^ and w is the angular frequency of the 
considered frequency band. 
Defining the energy and input power 
Denning subsystem j as the flexural wavefield of the receiver structure and subsystem k as the 
flexural wavefield of the emitter structure, it is possible to write the plate energy level as 
EJ=MJ(V2)J (3-3) 
where M- is the mass of subsystem j . In our measurements, the frequency-band averaged mean 
quadratic velocity for each subsystem was averaged for three excitation locations prior to being 
used in (3.3) in order to satisfy the spatially averaged excitation hypothesis of SEA. These 
averaged mean quadratic velocities were computed using (3.4) 
(V2) =-Lf(v2) (3.4) 
The power input of to the excited subsystem can be written 
n
»j=\H(FV')) (3-5) 
ni n injj 
0 
(3.1) 
jj jk 
CO 
rr. 
o n inj ,k 
(3.2) 
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Where \FV*\ is the spatial average of the cross-spectrum between the input force and velocity 
performed over the different excitation locations. 
Achieving matrix inversion 
It has been discussed by authors such as [MANIK 1997] and [HOPKINS 2001] that inverting the 
energy matrix may lead to negative values for CLF and DLF which have no physical signification 
and must be rejected. Indeed, ill-conditioning occurs when non-diagonal terms are large 
compared to the diagonal terms, which physically can originate from strong coupling between 
lightly damped subsystems, leading to large energy transfer compared to the energy dissipated in a 
given subsystem. Alternative matrix solutions were presented in both papers. It was proposed in 
[HOPKINS 2001] to separate the calculation of the CLF and DLF based on work from 
[LALOR 1990]. For the case of two coupled subsystems, the calculations reduce to 
n 
vik = 
inj,k 
coE, 
00 
kk 
-jk 
\E* 
E
« 
Jkk 
E„ 
inj.k 
(3 
(3 
3.1.2 Determination of the DLF by decay and CLF by power balance 
As previously stated, the SEA matrix inversion method is likely to lead to negative loss factors if 
it is used for the case of strongly coupled and lightly damped structures with low modal density. 
On the other hand, [CLARKSON et a/., 1981] suggested that knowing the DLF of the driven 
subsystem from separate measurements, the total loss factor of the coupled subsystems can be 
measured and equated to the CLF (unknown) plus the driven subsystem DLF (known). 
Determination of the DLF by decay 
The decay measurement consists in measuring the decaying response of the subsystem initially in 
steady state from random excitation after power injection cut-off. The initial decay rate will 
provide significant information about the damping properties as discussed by [Schroeder 1965], 
the second decay rate being attributed to background noise. Furthermore, the use of random 
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excitation will allow to obtain high signal-to-noise ratios even with low-power test signals 
[Schroeder 1979]. 
Time signals can be one second long typically and recording is triggered by source cut-off. Time 
traces normally present an exponential decay as presented on Figure 3.3. 
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Figure 3.1: Typical time traces of decay 
In this work, post processing is conducted using R£adpulse2p0.m and FonctionDecay4p0.m, two 
Matlab codes developed by Maxime Bolduc, a research assistant at GAUS [BOLDUC 2007]. 
These two latter codes respectively read data exported from the Pulse system and calculate the 
damping loss factor via the decay method. 
Every time trace is Third Octave Bands (TOB) filtered and the Schroeder decay function is 
computed by integrating the squared values of the filtered time trace (which is the impulse 
response): 
(3.8) 
All computed Schroeder functions are averaged together and plotted on a logarithmic scale, 
giving a linear decreasing functions characteristic of exponential decay for each TOB. 60 dB 
reverberation time (RT60) is then evaluated for each third octave band (TOB) from 100 to 
5000 Hz using the decay rate of the linear part of the curve. Two examples of decay functions are 
shown on Figure 3.2. 
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Figure 3.2: Typical mean Schroeder decay function at 100 Hz and 5000 Hz with recursive TOB filtering 
It is seen in Figure 3.2 that the decay function of the 100 Hz TOB presents ripples in the initial 
decay rate. These distortions might be explainable by the fact that for the first TOB, the 
bandwidth is quite small, therefore the impulse response of the filter is long compared to the 
impulse response of the studied system and thus influences the observed decay. A solution 
suggested by Qacobsen 1987] is to reverse the decaying signal before filtering it. This reduces 
significantly the adverse influence of the filter. This reverse filtering method is implemented in 
the used scripts. 
With the reverberation time RT60 known by interpolation of the initial decay rate, the average 
damping loss factor for a given frequency/ is determined by 
2.2 
v- f-RT„ (3.9) 
Determination of the CLF by power balance 
Given the DLF of both subsystems from the method described above, it is possible to rearrange 
(3.1) as 
n. 
mj 
CO 
±
 =
 rljEj+(iljkEj-TlkjEk) (3.10) 
From injecting power successively to each of both subsystems, one obtains a system of equations 
of two equations and two variables, in the present case the CLFs. 
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It is to keep in mind however that when low coupling exists between both subsystems this 
method might not be appropriate since damping loss factors will tend to be up to two orders of 
magnitude greater than the coupling loss factors. A variant of this approach is presented in 
section 3.2 for cases in which modal densities of subsystems are known. 
3.2 Virtual experimental SEA 
This approach is in fact similar to the standard experimental SEA that employs CLF computed 
from experimental data except from the fact that the data is obtained from numerical simulations. 
Consequently, since an experiment is somewhat simulated, the method is referred to by virtual 
experimental data. It is to be highlighted that it is assumed that adjacent connected subsystems do 
not affect the coupling between two connected subsystems. 
This assumption allows to realize a FEM model of the connected subsystems with a significant 
level of detail to determine junction coupling factors. The model will not account for other 
subsystems, based on the assumption stated above, allowing to obtain satisfactory results at 
relatively acceptable computational expense. This approach is relevant in cases where no adequate 
analytical model is available for the studied junction. 
As already explained, the average energy of a plate can be derived from the squared and spatially 
averaged displacements in a given frequency band, allowing to use the mean quadratic velocities 
of the plates obtained from FEM simulations to determine SEA coupling loss factors. 
3.2.1 Determination of the coupling loss factor 
Recall equation (2.1) from the previous section for a set of two coupled subsystems^ and k, with 
external excitation applied to the first: 
E,., 
E
» 
^kk 
_1_ 
CO 
U
»vJ-^JEM 
^inj,k ~ Vk^kk 
(3.11) 
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CO 
(-VJk)nj (%+Vkj)nk 
n,. 
n "V.J 
o 
(3.12) 
Where rj. is the damping loss factor (DLF) of subsystem y rjjk is the coupling loss factor (CLF) 
for the energy exchange from subsystem y to k, rij is the modal density of subsystem j , n,- . . is 
the external power input to subsystem j and co is the angular frequency of the considered 
frequency band. 
Defining subsystem j as the fiexural wavefield of the receiver structure and subsystem k as the 
flexural wavefield of the emitter structure, it is possible to write the second row of (3.12) as 
E E 
nj 
(3.13) 
Using the equation of reciprocity for the flow between two SEA subsystems [LYON eta/., 1975, 
1995], j]Jknj = T]kJnk , (3.13) becomes 
\ 
nk rffr(*+«*)j<j[ = 0 
( 
-% 
n. 
n. 
Ej+J7kJEk=?7kEk (3.14) 
V J J 
f 
% 
\ 
V nJ J 
= VkEt k^k 
Rearranging leads to (3.15) which is equivalent to the relationship presented by [SIMMONS 1989] 
VkEk 
Vkj 
E k - ^ E j 
(3.15) 
Where y is related to the excited subsystem and is related to the receiver subsystem. For the case 
of plate subsystems, the modal density is defined by (3.16) and the plate energy level is related to 
the mean quadratic velocity by (3.17) [ATALLA 2007]: 
A, p.h, 
J
 4TT\ D, 
nj(f) = 2xnj(®1)-
AJ PjhJ 
Ds 
(3.16) 
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EJ=MJ(V2), (3.17) 
where M is the mass of subsystem j . The mean quadratic velocity for each plate was averaged for 
different excitation locations prior to being used in (3.17) with the purpose of satisfying the 
spatially averaged excitation hypothesis of SEA. These averaged mean quadratic velocities were 
computed using (3.18) and converted to third octave bands using Matiab: 
1 N 
\ IavgJin 1 W * - ' \ / ; . Jin 
(3.18) 
3.2.2 Calculation of the input power 
The input mobility is the FRF of the velocity to the force at the excitation point and is defined by 
fc>-
This input mobility is related to the input power by 
where the force power spectrum is defined by 
(3.19) 
(3.20) 
(3.21) 
In the case of point force excitation, the power input to the system is calculated using unit 
amplitude point forces at several locations and averaged following: 
n inj,avg,dB :10to8»(i£n*.' (3.22) 
where IT. . ; is the power input for case i and AT is the number of load cases. 
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3.3 Hybrid approach for structure borne sound 
In order to allow the resolution of vibroacoustic problems in mid to high frequency, 
[SHORTER <& al. 2005d] presented a hybrid approach that allies the capability of FEM to model 
components with low mode count with the computational efficiency of SEA to model 
components with high modal density. The approach which relies on a reciprocity relationship 
between direct field radiation and diffuse field reverberant loading [SHORTER & al. 2005c] is 
summarized in the current section. 
3.3.1 T h e hybrid approach 
The hybrid FEM-SEA approach consists in modelling the portions of a complex structure that 
satisfies high modal count in the frequency range of interest as stochastic subsystems. On the 
other hand, the portions of the structure that have low mode count will be modeled 
deterministically using finite elements. 
The coupling of stochastic subsystems to deterministic subsystems occurs through junctions 
referred to as hybrid junctions. The stochastic subsystems will be seen as a direct field dynamic 
stiffness by the deterministic subsystems. Conversely, the deterministic subsystem will be seen by 
the stochastic subsystems as both a power source and a dissipative component as discussed by 
[COTONI e>-«/. 2007]. 
3.3.2 The concept of plate direct field dynamic stiffness 
Point connections corresponding to the attachments between an SEA plate subsystem and the 
deterministic part of the model will be hybrid junctions since they connect the random and 
deterministic parts of the model. 
The excitation from a point connection to a plate will generate waves propagating from the 
connection, which constitute the direct field waves. A reverberant field will be present from all 
the subsequent reflections of the waves at the plate boundaries as discussed in 
[SHORTER <& al. 2005c]. The dynamic stiffness of the plate will have contribution from all these 
waves. The direct field dynamic stiffness matrix will however be defined as resulting from the 
direct field waves only [COTONI <& al. 2007]. The direct field dynamic stiffness can be 
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computed using a boundary element analysis for instance but an analytical approach can be useful 
in many cases to obtain a direct field dynamic stiffness at a low computational expense. 
[SHORTER <& al. 2005d] mentioned that if a deterministic subsystem present more than one 
connection to a SEA subsystem and the relative locations of the connections are known precisely, 
connections between subsystems will be said "coherently coupled" or "incoherently coupled" 
based on the distance between the connections. If connection regions are within a few 
wavelengths of each other, they are likely to exhibit coherent interaction with each other and are 
said "coherently coupled" together. In opposition, if connection regions are distant of each other 
in comparison with a wavelength, the coherent interaction between the connection regions is 
small and the therefore said "incoherently coupled". 
In the former case of coherently coupled connections, [COTONI & al. 2007] mention that when 
JV point connections occur, then in principle the analysis should account for the coherence 
between the waves propagating from each connection. Therefore, the 6Nx6N direct field 
dynamic stiffness would be widely populated. However, they suggested neglecting the coherence 
that can occur between the various connections when the wavelengths become small compared 
to the spacing between the connections. [SHORTER & al. 2005d] also mentioned that it is often 
acceptable to neglect the coherence that occurs between the various connections and consider the 
direct field dynamic stiffness of each connection in isolation. That is, each point connection is 
treated individually. This hypothesis is also in agreement with work done by [OHLRICH 1995] 
and [UNRUH et al, 1999]. 
[LANGLEY <& al. 2003] presented an approach to determine analytically the direct field dynamic 
stiffness for a point connection within a thin plate. The method of [Langley <& al. 2003] is based 
on a wave propagation approach and the connection with a thin plate is considered as a rigid 
massless disc of radius a embedded in the plate. The disc radius will be selected to match the 
physical dimensions of the connection. This approach will be used in our application and is 
documented in section 3.4. 
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3.3.3 T h e set of general ized coordinates for the determinist ic subsys tem 
Motion is described by a set of generalized coordinatesq = iq} ,q2,...,q\ . The coordinates 
<7;are deterministic and represent the amplitudes of the modal D O F of the deterministic 
subsystem which are in fact nodal displacements associated to each mode regarding the D O F 
associated to the stochastic parts of the model omitted and the connection nodes left 
unconstrained. 
The modal basis of the generalized coordinates will allow a significant gain in computational 
efficiency by reducing the number of DOFs of the analysis. It will be possible to relate the modal 
degrees of freedom to the global coordinates system via the nodal displacements of a modal 
analysis of the deterministic part of the model. 
The nodal displacements O j = 1 2 n are defined for each mode where the lines of <D. are related to 
the 6 global degrees of freedom 
* f = { 7 ; T2 T3 R, R2 R3}T (3.23) 
And can be grouped for a given node as 
O = {0)1,O2,...,OK} (3.24) 
Each line of <D expresses the motion associated to all the modes in a given direction in the global 
coordinates for a given node of the FEM mesh and allows conversion from the modal set of 
coordinates to a global set of coordinates for interaction with the other subsystems. For instance, 
the motion of a given node in the global coordinate system will be obtained by 
{7^ T2 T3 R, R2 ^ } ^ , = [ « > ] { q } (3-25) 
In our work, a modal analysis could be performed either via Nastran or NovaFEM, which is a 
FEM code developed by at Universite de Sherbrooke by Mecanum inc. and marketed by ESI 
Group. The nodal displacements are then read from the Nastran modal analysis .f06 results file 
via a developed Matlab code named Read_Modes_p6_V1p1 .m or from a NovaFEM modal analysis 
.vet results file via a developed Matlab code named Read__Modes_gvm_V1 p1 .m. The latter Madab 
codes also recuperate the eigenvalues from the analysis which will be useful for obtaining the 
dynamic stiffness of the deterministic part of the system. 
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3.3.4 Governing equations of the hybrid approach and the numerical 
implementation 
The governing equations of the hybrid approach are presented in the following section. The order 
of presentation will be consistent with the sequence of realization of the model. The method has 
been implemented in Hybrid_resolution_Vl'p2.m. 
3.3.5 T h e equations of mot ion of the m o d e l and dynamic stiffness matrices 
Developing the assembled equations of motions for statistical and deterministic subsystems of a 
system will lead to the form: 
D,„,q = f + I C (3-26) 
k 
where the f term is the vector of generalized forces applied to the deterministic subsystem and 
arising form external excitation and irev are blocked reverberant forces arising from the 
reverberant fields within the stochastic subsystems. It is important to recall that the generalized 
forces are obtained from the nodal forces in the global system of coordinates by 
{fH*nfU, (3-27) 
where $ is a matrix of dimension 6 x number of modes whose columns represent the modal 
displacements for the node associated to the considered point of application of the force. 
Consequently, [COTONI & al. 2007] rearranged (3.26) to write 
q=q„+Iq w , q„ = D;,f, <\{k)=v-,X2 (3.28) 
k 
The total dynamic stiffness matrix D/or is determined from the sum of the dynamic stiffness of 
the deterministic subsystems and direct field dynamic stiffness of the statistical subsystems and is 
generally complex since subsystems are non-conservative in nature. 
D M = D , + Z D ^ (3-29) 
m 
The dynamic stiffness of the deterministic subsystem can be expressed as 
T)d=[Cls2{\ + jri)-an~\ (3.30) 
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Where ils is the diagonal matrix containing the eigenvalues of the deterministic subsystem 
rj(of) is the associated modal damping loss factor which can be frequency dependent and I is the 
identity matrix. 
Direct field dynamic stiffness matrix of dimension 6x6 for each of the point connections Ddirm is 
determined analytically in the local coordinates system of the plate using the approach presented 
in section 3.4 [LANGLEY <& al. 2003] and is converted consecutively to the global and modal set 
of coordinates as 
D ^ = * r D * ^ (3-31) 
Where O of dimension 6 x number of modes is a matrix whose columns represent each of the 
modal displacements for the node associated to the considered point connection. 
3.3.6 T h e energy balance in SEA subsys tems 
Once the total dynamic stiffness matrix D<0/ has been defined, the energy balance for subsystem^ 
is ready to be performed according to the theory presented by [SHORTER & al. 2005d] and 
[COTONI & al. 2007]. 
Power input to the SEA subsystem 
The ensemble and time averaged power input to the direct field of the SEA subsystem j can be 
written as 
^ . = ( « / 2 ) l m { £ [ q w D ^ q ] } = ( « / 2 ) X l m { ^ r a } ^ r a (3.32) 
rs 
were subscript rs represent the elements of the direct field stiffness matrix and S is the cross-
spectral response matrix defined as S = E qq where represent Hermitian transpose. The 
product is calculated between each element rs of the direct field dynamic stiffness and of the 
cross-spectral response matrix. All the products of elements rs are then summed. The 
contributions of the reverberant components q of (3.28) are of zero mean since they are 
assumed uncorrelated and (3.32) can be expressed as 
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p
u,.j=pZj+JLa>rljMEklnk) (3.33) 
k 
where P**'. is the power input to the subsystem from the FEM part of the model and can be 
written 
<l = W 2 ) I M ^ U K S * D « )„ (3-34) 
rs 
where Sff = is the cross-spectral matrix of the external forces applied to the FEM part 
of the model. 
The second part of the right hand side of (3.33) represents the power transmitted to subsystem j 
from subsystem k. 
VJ =f-lllmfe}(D-Im{D«}D-) (3.35) 
[COTONI <& al. 2007] states that given the dynamic stiffness matrices are symmetric, the 
equation of reciprocity of the SEA rjJknj = Tjkjnk holds and rjJk are equivalent to the standard SEA 
coupling loss factors. The result in (3.35) is also detailed in [SHORTER e> al. 2005c,d]. 
Power output from the SEA subsystem 
The power outputs of subsystem j are the dissipation through the subsystem itself, the power 
transmitted to the other SEA subsystems and the power dissipated in the deterministic part of the 
model: 
Poutj=^JEJ+YJ0)%nk(Ej/nj) + ^djEj (3-36) 
k 
Where 77. is the damping loss factor in subsystem yj 7,. correspond to the SEA coupling loss 
factor and can be obtained from a similar approach to (3.35) or from the use of the reciprocity 
relationship. Finally, rjd j is related to the power dissipated fromy to the deterministic part of the 
subsystem and is defined as 
arldj = 
f
 2 A 
KKnU 
YMP*A\P« I m ( D ^} D " ) r a (3-37) 
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Energy balance of the SEA subsystems 
The power inputs and outputs can be grouped together for a given SEA subsystem^' and lead to 
<°(lj + % , , > ; + 2 > W (Ej/nj -Ek/nk) = P~ (3.38) 
k 
With the different terms of (3.38) defined in equations (3.34),(3.35) and (3.37). Solving the SEA 
equations yields the SEA subsystems energies E. which will allow in turn to obtain the ensemble 
averaged response of the latter subsystems and to calculate the response in the deterministic 
subsystems. 
3.3.7 T h e response of the determinist ic subsys tems 
[SHORTER e^tf/. 2005c,d] and [COTONI & al 2007] proposed to rewrite (3.28) in cross-
spectral form and to perform an ensemble average to obtain 
(S q q ) = D;XS f f)D;of (3.39) 
Where, as explicated by [SHORTER <& al 2005 c,d] 
(Sff)=s f f+x(f(ew)+(e) f1+z(ee t f) 0.40) 
k j,k 
Where f (frev ) + (frev ) fH represents the contribution to the cross-spectral response that occurs 
from the coherence between the external and reverberant loadings. The last term represents the 
cross-spectrum of the reverberant loading applied at the deterministic boundary degrees of 
freedom. 
[SHORTER <& al. 2005 c,d] explained that as amount of uncertainty is increasing, the ensemble 
frev becomes uncorrelated to the external loading leading (3.40) to tend to the following limit 
<S„) = S i r + 5 X x ' " ' (3.41) 
Where using a result of [SHORTER <& al 2005 c] 
S ^ = ^ M m { D « } (3.42) 
The latter results is a key to coupling of SEA and FEM in the hybrid approach as it relates the 
energetic to the elastic forces at the boundary as it allows to write (3.39) as follows 
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4E„ B~" (3.43) 
Solving (3.43) will yield the cross-spectral response of the deterministic part of the system. One 
can notice that in the absence of SEA subsystem, (3.43) will reduce to a standard FEM system of 
equations. 
3.3.8 A summary of the steps of the hybrid approach 
A summary of the approach is presented schematically in Figure 3.3. 
1- Obtain 
stiffness 
deterministic 
system 
for 
part 
dynamic 
of 
the 
the 
2- Obtain the direct field 
dynamic stiffness for each 
of the connections to 
stochastic subsystems 
3- Obtain the augmented 
dynamic stiffness matrix 
by use of (3.29) and (3.31) 
4- Obtain and solve the 
SEA equations as stated in 
(3.38) with its different 
terms defined in equations 
(3.34),(3.35) and (3.37) 
5- Given the response of 
the SEA subsystems, 
obtain and solve the 
deterministic equations as 
stated in (3.43) 
6- Perform the post 
processing of the results 
obtained for SEA and 
FEM subsystems 
Figure 3.3: Flux diagram representing the steps of hybrid FEM-SEA modeling 
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3.4 A wave approach for plate dynamic stiffness 
In order to allow the coupling of stochastic subsystems to deterministic subsystems, the dynamic 
stiffness that the stochastic subsystem present to the deterministic subsystems must be calculated. 
Point connections were studied successfully by [SHORTER €> al. 2005d] for instance. 
[LANGLEY & al. 2003] presented an approach to determine analytically the local impedance Z 
of a point connection to a plate, which is related to the dynamic stiffness D as Z = D/ja>. 
3.4.1 Justifications for the wave approach for plate dynamic stiffness 
[LANGLEY & al. 2003] mentioned that when the wavelengths become comparable to the 
connection spacing, individual connections become incoherent with each other and they can be 
analysed individually. It has been discussed that for point connection of a single degree of 
freedom, formulations already exist for various substructures; see for instance [Cremer 1988]. 
However, the latter approaches does not apply when a junction has more than a single degree of 
freedom and in these cases a wave approach is generally adopted to generate the diagonal 6x6 
dynamic stiffness matrix of the point connection. The analytical approach will be found 
computationally efficient as few seconds will be required to obtain the dynamic stiffness, for a 
given plate, from 10 Hz to 10 kHz with a step of 1 Hz. 
3.4.2 T h e approach for plate dynamic stiffness 
The method of [LANGLEY & al. 2003] is based on a wave propagation approach and the 
connection with a thin plate is considered as a rigid massless disc of radius a embedded in the 
plate as shown on Figure 3.4. The disc radius will be selected to match the physical dimensions of 
the connection. 
Figure 3.4 : Rigid massless disc of radius a embedded in plate 
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The point coupling allows to generate all types of cylindrical waves propagating from the 
connection within the plate: bending, shear and longitudinal waves and shear waves associated to 
torsion of the connection. Cylindrical wave propagation can be expressed in terms of Hankel 
functions which consist of Bessel function and modified Bessel functions of the first and second 
kinds. 
It is shown by [LANGLEY & al. 2003] that the transverse impedance is insensitive to the disc 
size only given the disc is small relative to the wavelength. As frequency will increase, the 
impedance will vary in amplitude and will become complex. It will however be found that as the 
frequency or the disc radius tends to zero, the results of [LANGLEY & al. 2003] will reduce to 
the standard result of [Cremer 1988]. 
[Cremer 1988] provided an expression for the transverse impedance valid only given the disc 
radius is small; it is entirely real: 
where G>is the angular frequency, m is the mass per unit area of the plate and &Ais the flexural 
wavenumber. 
Both results from the wave approach and standard expression are compared in Figure 3.5 for an 
example with the values listed in Table 3.1. It is observed that as the frequency tends to zero, the 
results of [LANGLEY & al. 2003] reduce to the standard result of [Cremer 1988]. This 
observation is consistent since in these conditions, the disc will be small relative to the 
wavelength. 
Table 3.1: Point connection properties for the validation case of the plate dynamic stiffness 
Property 
Radius of connection a 
Plate thickness h 
Young's Modulus E 
Density o 
Poisson's Ratio v 
Value 
0.01m 
0.001 m 
210 GPa 
7800 kg/m3 
0.33 
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10 10" 
f(Hz) 
Figure 3.5 : Comparison between point impedance found using the approach of [LANGLEY & al. 2003] 
and [Cremer 1988]for a 10 mm radius disc in a 1 mm thick steel plate. Solid line: result from the wave 
approach; dashed line: standard expression (3.44) of [Cremer 1988]. 
The proof of the equations used for the wave approach can be found in [LANGLEY & al. 2003] 
and will not be reproduced here. Only the governing equations are summarized in the next 
sections. The latter equations were implemented in Matlab in the function 
plate_dynamic_stiffnessV1p0.m. 
3.4.3 The equations of the wave approach for plate dynamic stiffness 
The following sections introduce the equations used in the determination of the dynamic stiffness 
of the point connection to an isotropic plate. 
The wavenumbers 
The bending, membrane and shear wavenumbers within the plate will be defined respectively as 
kb = (m/Df aA 
ke=co^p(l-v2)/E 
k, = G)Jp/G 
where m is the mass per unit area of the plate, h the plate thickness, p the density, v the 
Poisson's ratio, E and G respectively the Young's and shear modulus and D the bending stiffness: 
Eh3 
(3.45) 
D = 
\2(l-o2) 
(3.46) 
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G = 
2(l + u) 
(3.47) 
The dynamic stiffness matrix 
The diagonal 6x6 dynamic stiffness matrix of the point connection to a platey'is defined as 
D ;n 
D J22 0 
D y'33 
D j44 
D j55 
D j66 
(3.48) 
with the entries of the matrix for propagating in-plane shear waves in both directions equal as the 
plate is assumed isotropic. 
DJU=Dj22=X3A3-X4A4 
The transverse motion component of the dynamic stiffness is 
Dj33=XA+*in4n 
(3.49) 
(3.50) 
Where subscript n stands for the evanescent waves that decay exponentially and do not carry 
energy away from the connection. 
The bending rotation stiffness components are 
^ « 4 = ^ * = - - M 2 - * 2 A . (3-5 1) 
And the torsion stiffness is 
Dj66=X5A5 (3.52) 
Where the coefficients A{ and X, are defined with Hankel functions. The used Hankel functions 
will be explicated in the next section. 
A = 
Hj2y(-jkba) 
1
 HV)t H^(kbo)H^ (-jkba)-jH™(.-jkba)H?> (kba) 
A = -jH™{-jkba) l n
 W(2)/ r(2)\ H?(kba)H™ (-jkba)-jH«>(-jkba)H?> (kba) 
(3.53) 
(3.54) 
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And 
A2=-
-H[2\-jkba)-jkbaH\2)\-jkba) 
A = 
A = 
AA = 
jkbH\2\kba)H^ (-jkba) + kbH^{-jkba)H^ (kba) 
jH[2\kba)-jkbaH<[2)\kba) 
jkbH\2) (~jkba)H\2y (kbd) - kbH\2) {kba)H\2y (-jkba) 
kskea2H\2y{ksa) - keaE(2\ksd) 
kskea2H\2y (ksa)Hfy (kea) - H\2) (ksa)H\2) (kea) 
-kskea2Hfy{ked) + ksaH\2)(kea) 
kskealH\2) {ksd)H\l) {ked)-H\2\ksa)H\l\ked) 
-a 
A=-H?>(k,a) 
Xl = InDk^a .^HJ2y(kba) + -}-H(2y'(kba) + H(2r(kba) 
X]n = 2nDkba -JriH(iy{-jkbd)-^-H^\-jkbd)^jHf\-jkbd) kb a kba 
X2 = nDkba2 —-1H\2\kba)--TTHl2y{kba) + H[2)"{kba) 
Ki (A K> Ct 
X2n = TtDkJa2 J^H\2\-jkba) + -^H[2y(-jkba) + jH?\-jkba) 
ba kba 
x,=-h
 E% [H[2)(kea)-keaH[2y(kea)-k2a2H?y'(*.*)] 
\\-v \kea^ J 
Xt = 
Ghn 
ka 
\H'2\ksa)~ksaH(2)\ksd)-k2a2H(2y\ksd)'\ 
X5 = 2Ghna\_-H(2y(ksd) + ksaH?r (ksa)~\ 
(3.55) 
(3.56) 
(3.57) 
(3.58) 
(3.59) 
(3.60) 
(3.61) 
(3.62) 
(3.63) 
(3.64) 
(3.65) 
(3.66) 
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The Hankel functions 
The Hankel functions used in equations (3.53) to (3.66) in order to define the dynamic stiffness 
matrix are explicated in the current section. The notation Hn (z) is the Hankel function of the 
second kind of order n and is defined by Bessel functions [ZWILLINGER 1996] 
Hi2\z) = J„(z) + jYn(z) (3.67) 
Hankel functions are implemented in Matlab with for instance the besselh(n,2,%) command to 
express (3.67). 
The derivatives of the Hankel functions that appear in equations (3.53) to (3.66) have been 
determined using the symbolic analysis of Matlab and were found to be expressed as 
combinations of Hankel functions as follows: 
H?(z) = -H?\z) 
rW H?{z) = -H?(z) + -H\i>(z) ( 2 ) / 
H?r(z) = l-H?\z)
 + 
( \ 
1- r<2) 
z 
H?Hz) = H?>(z)--H?>(z) 1 z 
H^iz) 
f 
H?>(z) = --H?{z). 
z 
\ 
1- H'\z) 
^
( 2 )
" ( 2 ) = -1 + 2 
z
 J 
HZ\z) + 
V z~ j 
' 2 6 ^ 
\z z") H?\z) 
(3.68) 
(3.69) 
(3.70) 
(3.71) 
(3.72) 
(3.73) 
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3.5 Classical Statistical Energy Analysis enhanced by component mobility 
techniques 
3.5.1 The relevance of a component mobility technique 
[DUSSAC et al., 1993] discussed the fact that the power supplied by the mechanical excitations at 
gearbox attachment of a helicopter can be estimated using the mobility concept. 
[OHLRICH 1995] presented a method for characterizing the input power defined by a set of 
terminal source powers from the gearbox to the structure of the helicopter. The source descriptor 
method is based upon the concept of equivalent sources, which assumes that a vibrating machine 
can be adequately represented by the complex vibratory power being produced by a set of 
uncorrelated, equivalent point forces. 
In such a practical application with a multipoint coupled gearbox it was assumed that all cross 
coupling between transmission coordinates could be disregarded and for strut-type connections 
with simple support via ball and socket joints, it was judged acceptable to ignore transmission in 
the rotational coordinates, and thus retain only translational motions in the prediction. This 
assumption appears to be valid and has also been made successfully by [UNRUH et al, 1999]. An 
approach for determining the power input to the airframe which consists in measuring free 
velocities of the gearbox and mobilities of both the gearbox and fuselage was developed. In the 
same way, [OHLRICH et al, 1996] proposed a modified approach considering that the gearbox 
cannot always be removed from the aircraft. The approach then allowed determining the input 
powers by measuring the coupled mobilities of the gearbox and fuselage and the far field 
response of the fuselage and a calibration mobility measurement of the fuselage. 
The power transmitted to the fuselage appeared to be successfully determined but the predicted 
transmission based upon estimated terminal source powers (power estimated from the excitation) 
appeared to be somewhat lower than expected. A potential explanation for those discrepancies is 
that the input mobilities could not be measured in the free conditions and had to be calculated 
from the coupled mobilities measured on the assembled gearbox-airframe system. 
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3.5.2 A hybrid F E M - S E A m e t h o d based on component mobil i ty techniques 
To solve vibroacoustic problems in mid to high frequency, and evaluate the effect of 
modifications to a part of the structure with rational computational expense, techniques such as 
component mobility modeling technique (CMT) become of interest. The latter approach is 
derived from the work of QANIN 1998] and is used in the current section as the basis of a hybrid 
FEM-SEA methodology that can be used as substitute to the Hybrid FEM-SEA approach 
introduced in section 3.3. 
In the present case, emphasis will be put on the determination of the power transmission from 
one master structure (deterministic) modeled via FEM to a connected SEA substructure 
(stochastic), to allow the determination of the response of the latter substructure via standard 
SEA modeling. 
The following approach could therefore be referred to as a hybrid FEM-SEA approach based on 
the CMT. The CMT allows for evaluating the response of the structure as a whole from the 
knowledge of the dynamic properties of the different substructures respectively which are known 
from their input mobilities. 
3.5.3 The equations for hybrid FEM-SEA method based on component mobility 
techniques 
The approach for the determination of the power transmission at a connection from a structure 
to a substructure will be demonstrated as follows. 
Consider the coupled problem presented of Figure 3.6. 
B 
3 
0 
1 
m dofs 
A 
Figure 3.6: Schematical representation of the CMT coupled problem 
The master structure is denoted by A and is submitted to an external loading at point 1 with m 
degrees of freedom (DOFs) at its interface with the external loading. The latter structure is 
connected to substructure B at point 2 with n DOFs at the connection interface. Each 
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substructure can be represented by mobility matrices that relate the loads and displacements at 
each interface of interest. Thus, one can write 
. ^ 2 j ( m + « , l ) 
"-B2 
*-B3, (»+o,l) 
«11 
«21 
Pn 
_P2, 
a]2" 
a 2 2 _ 
P , 2 _ 
P 2 2 . 
LA\ 
F 
(m+»,w+n) ^ ^2 J (m+n,l) 
(w+o,w+o) I # 3 J (n+o,l) 
(3.74) 
(3.75) 
where 
a.. is the mobility matrix of substructure A not connected to substructure B (free interface); it is 
obtained by calculating (or measuring) the response at point / in reaction to a unit force at pointy. 
p..is the mobility matrix of substructure B not connected to substructure A (free interface); it is 
obtained by calculating the response at point / in reaction to a unit force at pointy. 
Fp(. is the vector of the forces applied on substructure jg at point /'. 
Xg; is the response vector, the velocity, of substructure Q at point /. 
To simplify the notation, the dimensions of the matrix and vectors are not reproduced in the 
following developments. Furthermore, it is relevant to denote that since the system is assumed 
linear, the mobility matrices are symmetric: 
T 
°11 °12 
\Md-yy ~~~ xMt'y'j (3.76) 
It must also be highlighted that from equilibrium of forces 
And that kinetic continuity implies that 
F , 2 + F B 2 = 0 
Y — Y 
/l 2 ^B2 
(3.77) 
(3.78) 
As previously stated, the interest in the present case is to determine the power transmitted at 
connection from substructure A submitted to the external loading {F^J to substructure B. The 
input power is defined as 
PB^A = iRe ({F B 2 }{X i ; 2 } / / ) = iRe({F , 2 }{X / ( 2 } / / ) (3.79) 
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with representing the Hermitian transpose. Consequently, it is of interest to determine the force 
and response at point 2. 
Equation (3.74) allows to write 
{X,2} = [a2]]{F,1} + [a22]{F^2} (3.80) 
Furthermore, in the absence of external loading at point 3, one can write 
{ X B 2 } - [ A 2 ] { F B 2 } (3-81) 
Using (3.77), (3.78) and (3.81), (3.80) becomes 
{X, 2} = {XJ,2} = [ a 2 1 ] {F , 1 } - [ a 2 2 ] {F„} = [ A 2 ] { F M } (3.82) 
Consequently, the force reaction at point 2 is 
{FB2H[/y + K]rh,]{F,i} (3-83) 
Combining (3.77), (3.80) and (3.83) allows to write 
{X,2}=[a21]{F,1}-[o22]([^2] + [a22])"I[o2I]{F,1} (3.84) 
Which can be rearranged 
{X,2} = ([a21]-[a22]([A2] + [a22])",[a21]){F,1} (3.85) 
Consequently, it is possible to calculate the power transmitted from structure A to substructure B 
via (3.79) using of the results of (3.83) and (3.85). 
In our present work, mobilities of substructure A will be calculated using a finite elements model 
whereas substructure B will be modeled by SEA and its mobility will be calculated using the wave 
approach presented in section 3.4. For this reason, the method can be referred to as a hybrid 
FEM-SEA approach based on the CMT. 
The assumption mat the connection points are incoherently coupled presented in section 3.3 still 
applies, thus each connection will be treated independently. 
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4 Case study: Experimental measurement of the response of the 
structure to a point force excitation 
4.1 Purpose of the measurement 
This Chapter details the measurement methodology that was employed to determine the response 
of the coupled plates structure in two configurations: (i)vacuo and (ii) coupled to a hard walled 
cavity. The experimental data will serve as a baseline for validation of the various models of the 
different approaches presented in Chapter 3 and applied to the numerical case studies of Chapter 
5. Mean quadratic velocity and input mobility will be extracted from the analysis. 
4.2 Description of the test bench 
In order to validate the studied numerical approaches, a simplified roof-main gearbox 
representative system has been chosen. Its design was based on simplifying the shape of the main 
gearbox attached to a roof representative plate in GAUS facilities. 
The design of the structure is detailed in Appendix A. As can be seen on Figure 4.1, the structure 
consists of a free-edge stiff plate (2) mounted on a clamped plate (1) through four rods (3). Both 
plates and the four rods are made from aluminum. The structure is attached to a test bench 
represented in Figure 4.2. 
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Figure 4.1 : Geometry of the simplified roof-main gearbox Figure 4.2 : Geometry of the simplified roof-
struts- main gearbox representative structure. 1- Roof main gearbox struts- main gearbox 
representative aluminum plate, 2- Upper aluminum plate representative structure clamped to the 
and 3- rods attached with 4- machine screws. acoustic cavity. 
4.2.1 Description of the cavity 
The structure was attached to a designed hard walled cavity. The construction and properties of 
the cavity are given in Appendix C and Appendix E.2 together with its experimental 
characterization. 
4.2.2 Attachment of the structure to the cavity 
The plates and rods are assembled together as described in Appendix A. Then, the structure is 
attached to the cavity opening and clamped as presented on Figure 4.3. The validation of the 
boundary conditions is given in Appendix 0. 
4.3 Methodology 
Plates and rods are assembled together and attached to the cavity as on Figure 4.3. 
The box is kept opened and its walls are covered with absorbent materials for the 
uncoupled (~in-vacuo) response. The absorbent material is removed and the box is 
closed for the coupled structure-cavity response. 
The excitation of the panel is provided by a vibration exciter (B&K 4810) connected to 
the upper plate through a dampened stinger and an impedance head (PCB 288D01) glued 
to the latter plate, as shown in Figure 4.4. 
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The impedance head allowed measurement of the input mobility. Vibration levels were 
measured on 24 locations on each plate for a given excitation location using 
accelerometers. Two B&K 4397 accelerometers were used. The acceleration signals were 
integrated within the Pulse system, leading to velocity measurements and were referenced 
to the input force. 
8 diffuse field microphones (B&K 4188 and 4189) were used to measure the mean 
quadratic pressure for the case of the structure-cavity coupled problem. 
All sensors were calibrated prior to testing using an accelerometer calibrator (B&K 4294) 
and a microphone calibrator (B&K 4230) 
The frequency range of interest for the measurement is from 0 to 5.0 kHz with 6400 lines. 
Random noise from 0 to 12.8 kHz was injected via vibration exciter and acceleration was 
measured. A Hanning window was applied since the signal was random noise. The data 
acquisition chain is as shown on Figure 4.5. 
Three excitation locations were tested, in order to satisfy the spatial average assumption 
of SEA. 
Data is exported using Bridge to Madab feature of Pulse and read in Matlab using an in-
house script developed by Maxime Bolduc, ReadPulse2p0.m. Further post processing for 
the structural response is accomplished via vquad_structural_avg.m whereas the post 
processing for the acoustic response of the cavity is accomplished with 
Pquad_po s t_avg. m. 
Figure 4.4: Structure mounted to the cavity and 
vibration measurement on the plates 
Figure 4.3: Structure mounted to the cavity 
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Figure 4.5: Structure response measurement diagram 
4.4 Data analysis 
As previously stated, all the acceleration signals from the impedance head and accelerometers 
were integrated during the Pulse data acquisition system. Consequendy, velocity was acquired 
using these transducers. 
Each vibration indicator was taken as a frequency response function relative to the input force. 
Consequently, these indicators were normalised to the force, and correspond to the response to a 
unit amplitude force input. 
The acoustic response was also referenced to the input force. It was measured using the ratio of 
the autospectrum of the pressure to the autospectrum of the input force. 
In all cases, the results presented in the following figures will be discussed in Chapter 5 when they 
will serve as baseline for validation of the various numerical approaches. 
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4.4.1 Input mobil i ty and input power 
The input mobility is the FRF of the velocity to the force at the excitation point and is defined by 
& > = 
This input mobility can lead to the input power as 
n w =(f>«r 0 » 
With the force power spectrum defined by 
( F 2 ) = i | F | 2 
The space averaged power input to the system is calculated by 
( 1 N 
rW^ioiog,,, — £nw. 
V i V 1=1 
(4.1) 
(4.2) 
(4.3) 
(4.4) 
Where Uin-t is the power input for excitation location / on a linear scale and AT is the number of 
locations. The results are shown on Figure 4.6 for the in-vacuo case and Figure 4.7 for the case of 
coupling to the cavity. 
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Figure 4.6 : Third octave band of the average power input to the upper plate normalized to the force. Case 
of the in-vacuo response. 
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Figure 4.7 : Third octave band of the average power input to the upper plate normalized to the force. Case 
of the lower plate coupled to the cavity. 
4.4.2 Mean quadratic velocities 
Mean quadratic velocities of both plates have been calculated using vquad_structural_avg.m. The 
mean quadratic velocity is obtained from an averaging performed on the velocity FRF measured 
on the 24 data acquisition : 
1 
2N Z 
7=1 
(4.5) 
Were j represents an acceleration measurement for an excitation case and N is the number of 
acceleration measurements; in the present case N=24. The average mean quadratic velocity in dB 
for the three excitation cases is computed following: 
lOlog 
avg,dB 
(4.6) 
Where (V ) is the mean quadratic velocity for case / on a linear scale and N is the number of 
excitation points. 
A discussion of the obtained results is given in sections 5.1 and 5.2 where the results obtained for 
the different approaches will be compared to the experimental results. Average results for upper 
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and lower plate are shown on Figure 4.8 to Figure 4.11 for the in-vacuo case and Figure 4.12 to 
Figure 4.17 for the case of coupling to the cavity. 
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Figure 4.8: Average mean quadratic velocity for the Figure 4.9: Average mean quadratic velocity for the 
upper plate normalized to the force. Case of the in lower plate plate normalized to the force. Case of the in-
vacuo response. vacuo response. 
-30 
m 
•v 
A -45 
1 «r 
\ I \. 
- + - + - + -
j . 
1 ) 1 
1 \ 1 _ > ^ _ 
1 1
 i i i i | -%- Exp j 
i i i i i i i 
1
 1 H 1 + 1 1 
I ! 1 1 1 1 1 
I I 1 1 ! 1 1 
I / 1 \ I 1 i 1 1 
|_ _/_ 4 - V - 4 1 4- U ! 
I I 1 1 1 1 I ^V 
I I 1 1 1 1 1 
I I 1 1 1 1 1 
160 200 250 315 400 500 630 800 1000 1250 1600 2000 2500 3150 4000 5000 
f(Hz) 
Figure 4.10 : Third octave band average mean quadratic velocity for the upper plate normalized to the force. 
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Figure 4.11 : Third octave band average mean quadratic velocity for the lower plate plate normalized to the 
force. Case of the in-vacuo response. 
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Figure 4.12: Average mean quadratic velocity for the Figure 4.13: Average mean quadratic velocity for the 
upper plate normalized to the force. Case of the lower lower plate plate normalized to the force. Case of the 
plate coupled to the cavity. lower plate coupled to the cavity. 
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Figure 4.14 : Third octave band average mean quadratic velocity for the upper plate normalized to the force. 
Case of the lower plate coupled to the cavity. 
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Figure 4.15 : Third octave band average mean quadratic velocity for the lower plate plate normalized to the 
force. Case of the lower plate coupled to the cavity. 
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4.4.3 M e a n quadratic pressure 
The mean quadratic pressure per unit force inside the cavity has been calculated for each 
excitation case using Pquad_post_avg.m. Based on the assumption of a diffuse field condition inside 
the cavity, the input force and sound pressure level are incoherently coupled. The mean quadratic 
pressure referenced to the input force can thus be obtained from an averaging performed on the 
sound pressure level measured on the 8 microphones using the autospectrum of the sound 
I |2 . | ,2 
pressure measurement as \p,\ and the autospectrum of the input force as \F\ 
p n
= J _ y N 
1*17 2NM\F\ 
Were j represents an pressure measurement for an excitation case and N is the number of 
acceleration measurements, in the present case N=8. 
The average mean quadratic velocity in dB for the three excitation cases was computed using 
(4.7) 
= 101ogl 
avg,dB ref 20 |jPa/N N (20x l (T 6 ) 
(4.8) 
Where is the mean quadratic velocity for case / on a linear scale and AT is the number of 
excitation points. 
Average results are presented in Figure 4.16 and Figure 4.17. 
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Figure 4.16: Average mean quadratic pressure in the cavity normalized to the force. 
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Figure 4.17 : Third octave band average mean quadratic pressure in the cavity normalized to the force. 
56 
5 Case study: numerical application 
For the purpose of validation of the studied modeling approaches, a numerical application was 
realized, which allowed to compare the different approaches in terms of both computational 
expense and capability to yield results in good agreement with experimental data for the 
vibroacoustic problem introduced in Chapter 4. The studied structure is introduced in Chapter 4 
and detailed in Appendix A. 
An in vacuo structural problem was considered at first. Then, the latter structure was coupled to a 
cavity in order to allow the consideration for the case of a fluid-structure interaction problem. 
5.1 Application to a structural problem 
The chosen configuration for the model allows validating the hybrid FEM-SEA approach from a 
simple geometry. The modeled components are in this case the plates and rods. The properties 
for both plates are as shown in Table 5.1 whereas the properties of the four rods are presented in 
Table 5.2. 
Table 5.1: Plate properties 
Property 
Length 
Width 
Thickness 
Young's Modulus 
Density 
Poisson's Ratio 
Structural Damping rj 
Lower plate 
0.500m 
0.300 m 
0.002 m 
73.1 GPa 
2700 kg/m3 
0.33 
From modal damping 
Upper plate 
0.200m 
0.216 m 
0.003175 m 
73.1 GPa 
2730 kg/m3 
0.33 
From modal damping 
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Table 5.2 : Rods properties 
Property 
Length 
Diameter 
Young's Modulus 
Density 
Poisson's Ratio 
Structural Damping rj 
Rods 
0.100m 
0.001268 m 
70GPa 
2700 kg/m3 
0.33 
1 % 
The modeling was realized using different methods, as follows. 
5.1.1 Full FEM solution of problem 
A full FEM solution of the problem was conducted over the whole frequency range and served as 
a baseline for comparison with the other developed approaches in terms of both accuracy and 
computational cost. The model was realized using NovaFEM and calculations were performed 
using Mammouth supercalculator of Universite de Sherbrooke. 
The lower plate has been modeled using 3375 QUAD4 elements while the upper plate was 
constituted of 2500 QUAD4 elements. The four rod elements were added with their respective 
locations as seen on Figure 5.1. The model used a total of 5879 elements and 6097 nodes, for a 
total of 36582 DOFs. The modal damping table was obtained from experimental data using an in-
house Matlab routine and the modal damping was adjusted to allow the best fit between FEM 
and experimental values. 
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Figure 5.1: Structural FEM model 
Convergence study 
The model convergence was validated up to 5 kHz since the analysis frequency range was selected 
from 10 Hz to 5 kHz to allow later for comparison with SEA based methods. In order to validate 
the convergence of the model, a refined mesh version was realized for each plate separately. An 
uncoupled modal analysis was conducted for each plate and the number of bending wavelengths 
along each direction was used to determine the required number of elements. Once the number 
of elements was chosen, convergence was verified by comparison, using a frequency error 
criterion based on the natural frequencies of the refined and the current model. 
Modes up to 5000 Hz were extracted from a FEM model of the lower plate with clamped 
boundary conditions using a refined model of 6000 elements. The maximal mode numbers in 
both directions of the plates were (9,2) at 4927 Hz and (2,15) at 4844 Hz as shown respectively 
on Figure 5.2 and Figure 5.3. Consequently, the maximal number of wavelengths in both 
directions is respectively 5 and 8. It was decided to use 9 elements per wavelength which is 
greater than the practical minimum of 6 elements per wavelengths to ensure convergence. 
Consequendy, the lower plate was modeled with 45 elements on its 0.3 m side and 75 elements 
on its 0.5 m side for a total of 3375 elements. 
The modes were extracted with the 3375 elements model. Mode (9,2) was found at 4942 Hz 
instead of 4947 Hz, which corresponds to a 0 .1% error in terms of frequency. Mode (2,15) was 
found at 4875 Hz instead of 4888 Hz, which corresponds to a 0.2% error in terms of frequency. 
In both cases, the error introduced by the use of the 3375 elements model is very small and the 
mesh for the lower plate is thus validated. 
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Figure 5.2: Mode (9,2) of the lower plate at 4942 Hz 
extracted from the refined FEM model 
Figure 5.3: Mode (2,15) of the lower plate at 4875 Hz 
extracted from the refined FEM model. 
Modes up to 5000 Hz were extracted from a FEM model of the upper plate with free boundary 
conditions using a refined model of 6400 elements. The results were compared to those obtained 
with the reduced mesh. Results were compared and mesh was enhanced until good agreement 
was found between the calculated natural frequencies.. 
Satisfactory agreement was obtained using a 2500 elements mesh with 50 elements along both 
directions of the upper plate. The maximal discrepancy found in terms of frequency was the 
mode at 4950 Hz presented on Figure 5.4, from the refined model, which was found at 4925 Hz 
by the 2500 elements model, introducing a difference of 0.5%. The mesh for the upper plate was 
consequently validated. 
Figure 5.4: Mode of the upper plate at 4950 Hz extracted from the refined FEM model 
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Boundary conditions and loads 
To solve for the forced-system, the following boundary conditions and loading were applied to 
the model 
• Fixed boundary condition were applied for the 4 edges of the lower plate as this plate is 
clamped on the experimental setup. A validation of the latter boundary conditions is 
presented in Appendix E. 
• Rotations were constrained at the nodes of connections of the rods, which makes sense 
considering the rotational efforts transmitted at the connections from the rods applied to 
the plate, as demonstrated in Appendix D. 
• I N periodic nodal force load in the vertical direction applied to the upper plate at three 
different locations in order to satisfy the assumption of spatially averaged excitation for 
later comparison with SEA-based techniques. 
Monte Carlo study 
The complete FEM model was used as a baseline for comparison of the SEA and hybrid models. 
A Monte Carlo study of the problem was performed using a methodology based on work of 
[SHORTER etal,. 2005b]. Variance was introduced by adding 20 masses located randomly on the 
lower plate for a total added mass of 15% of the mass of the plate. Monte Carlo simulations were 
conducted using an ensemble of 250 realizations under NovaFEM with direct frequency 
resolution using the Mammouth super calculator of the Universite de Sherbrooke. The obtained 
results will be used to demonstrate the ability of the hybrid FEM-SEA approach to account for 
variance in the modeled properties by predicting the ensemble average response. 
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Frequency range and computational expense 
The frequency range for direct resolution was from 10 to 5000 Hz in 2496 frequency points, 
corresponding to a linear step of 2 Hz. Each case was submitted to parallel calculation on 
Mammouth supercalculator of Universite de Sherbrooke. The computational expense was 33 
minutes per realization using 4 processors of 3.6 GHz, leading to a computational expense of 
6.6 processor hours for the three excitation cases and a total time of approximately 550 h for the 
250 cases of the complete Monte Carlo study. 
Validation of the FEMmodel 
In order to demonstrate the validity of the FEM model, it is relevant to compare the mean 
quadratic velocity spectra obtained numerically to experimental data obtained in Chapter 4. It is 
seen on Figure 5.5 and Figure 5.6 that good modal convergence has been obtained up to 
1000 Hz. Third octave band average comparison was conducted as well between FEM and 
experimental values on Figure 5.7 Figure 5.8. Good agreement was found thus allowing to have 
good confidence in the FEM modeling as a baseline for comparison and for hybrid FEM-SEA 
techniques. 
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Figure 5.5 : Comparison between FEM and experimental results for the mean quadratic velocity of the 
upper plate. Average response from the three excitation cases. 
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5.1.2 Experimental SEA 
The geometry has been imported from Nastran in VA One1 software from ESI Group and 
solved using the SEA module of VA One. Plates were modeled as plates subsystems accordingly 
to properties listed in Table 5.1 and the four rods were replaced by a user-defined junction with CLF 
defined either from experimental results obtained in Appendix F or from the virtual experimental 
results from FEM simulations as explained previously in section 2.3.1 and 3.2. Consequently, this 
model was constituted of 2 plates, one junction and a power input spectrum as shown on Figure 
5.9. 
Figure 5.9: Structural VA One model with user defined junction 
The model included two subsystems which are the upper and lower plate flexural wave fields and 
as previously stated the four rods were represented as a user-defined junction with a CLF between the 
flexural wave fields of both plates. In-plane motion was not considered, which is acceptable since 
the excitation and rods are normal to both plates, the rods transmit flexural motion essentially. 
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A user defined input power spectrum was applied to the upper plate as presented in Figure 5.11. 
At this step, the model is ready to be solved. 
Figure 5.11: Power spectrum applied to the upper plate 
Three cases were compared to the experimental results: 
1. Experimental input power and experimental loss factors determined from SEA matrix 
inversion 
2. Experimental input power and experimental loss factors determined from the decay rate 
method and SEA power balances 
3. Virtual experimental input power and loss factors calculated from the FEM model of 
section 5.1.1. 
The method of determination of the damping loss factors and the coupling loss factors are 
presented in section 3.1 for experimental SEA and 3.2 for virtual experimental SEA, respectively. 
The measurements of the loss factors are documented in Appendix F. The input power was 
calculated as explained in sections 3.1.1 and 3.2.2. 
Frequency range and computational expense 
The frequency range was from 100 Hz to 5000 Hz in third octave bands and solution of the SEA 
system required less than one second on a 1.6 GHz processor. 
The number of modes in band for each plate is presented in Figure 5.12. It can be seen that at 
frequencies below 1000 Hz, SEA results may not be valid since the number of modes in the band 
is smaller than one for the upper plate. SEA results for frequencies below 1000 Hz will therefore 
have to be interpreted with caution. 
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Validation of the experimental SEA model 
The results obtained using all three solutions cases are presented in Figure 5.13 and Figure 5.14. It 
is found that virtual experimental SEA fits best the experimental results. It could be expected 
since the SEA parameters are determined using the FEM model whose convergence was verified. 
It is to be noticed that results from SEA inversion method are available only for frequencies 
greater than 1 kHz since it lead to negative loss factors below 1 kHz as mentioned in Appendix 
F.4 in addition to the non-satisfaction of the high modal density assumption for the range of 
frequency below 1 kHz. 
A potential explanation for the discrepancies between the SEA inversion approach and decay 
technique is that as explained by [CLARKSON et al., 1981], decay tests tend to be dominated by 
the mode in the band which has the lowest damping whereas the SEA inversion method should 
give a value closer to the average of all modes in the band. Then, if the DLF are underestimated 
as can be found from the experimental determination of the loss factors presented in 
Appendix F.4, the computed response will be overestimated. It is important to notice that the 
improper determination of the loss factors is likely to be caused by the practical limitation to 
inject adequate levels of input power at higher frequencies. 
Finally, it is to be noticed that the SEA inversion method allowed to obtain results more 
satisfactory than the decay and power balance method for the lower plate mean quadratic 
velocity. Hence, the SEA results from decay and power balances will not be presented in the final 
comparison of the techniques. 
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67 
-20 
-30 
-40 
CD 
m 
> 
v 
-LP Exp 
- LP SEA Exp inversion 
- LP SEA virtual Exp 
- LP SEA Exp Decay 
•50 
•60 
-70 
-80 
0 500 1000 1500 2000 2500 3000 3500 4000 4500 5000 
Hz 
Figure 5.14 : Comparison between SEA and experimental results for the third octave band averaged mean 
quadratic velocity of the lower plate. Average response from the three excitation cases. 
5.1.3 SEA model enhanced with the CMT 
The governing equations of the approach were presented in section 3.5 and were applied to the 
studied problem. Each substructure was considered individually in order to determine its 
respective input mobility required for the calculation of the transmitted power from structure A 
(Upper plate) to substructure B (Lower plate). 
The numerical calculation of the transmitted power has been implemented in a Madab script 
Source_power_calc_CMI.m and the SEA response was calculated using VA One. The application of 
the CMT to the problem relies on the following assumptions: 
The upper plate (structure A) and rods are modeled deterministically as described in the 
full FEM solution of the problem. Free boundary conditions at the interface are applied. 
On the other hand, the lower plate (substructure B), with high modal count is modeled as 
a stochastic subsystem. 
The connections from A to B are assumed incoherently coupled, meaning that a given 
connection do not have an effect on another connection. 
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Modeling the source structure 
The source structure, in the present case is the upper plate with the 4 rods. It was modeled 
deterministically via the finite elements method using NovaFEM as presented in section 5.1.1 
using the same materials properties and damping properties. Using Novamodal, which is the 
modal solver of NovaFem, the modal basis, up to 5.3 kHz, was calculated assuming free 
boundary conditions. The eigenvalues and modal displacements were extracted via Matlab from 
Novamodal output file, as described in section 3.3. A total of 35 modes were extracted. 
The next step of the CMT approach was to assemble the stiffness matrix for the deterministic 
subsystem. The use of the modal basis allowed computing the required mobilities at a relatively 
low computational expense. Cross mobility related to the response of each connection node of 
the structure to a unit force at the loaded node were obtained as well as the input mobilities at 
each of the connection nodes. 
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Modeling the receiver substructure 
The second part of the approach was to generate a stochastic model of the lower plate using a 
SEA Matlab-based code [SILA._creator.rn), developed by Hugues Nelisse from the IRSST. The 
modal damping imposed to the FEM model was employed. 
The input mobility arising from the propagation of flexural waves within the plate was calculated 
for each point connection using the wave approach described by [LANGLEY <& al. 2003] and 
explicated in section 3.4. 
The latter approach was based on the assumption that the four point connections were 
uncorrelated and allowed to neglect the coherence between the four connections, allowing a gain 
in computational efficiency. This assumption is acceptable when the wavelength of a free wave in 
the stochastic plate is short in comparison with the spacing between the connections or when 
there is uncertainty in the exact location of the connections as discussed by 
[COTONI <&al. 2007] and [SHORTER & al. 2005d]. 
Calculating the transmitted power and response of the receiver structure 
Once the required mobilities of each substructure have been determined, it was possible to 
calculate the power transmitted through each connection by the use of equations (3.79), (3.83) 
and (3.85). The total transmitted power from the upper to the lower plate thus corresponded to 
the sum of the transmitted power via each connection since they were assumed incoherently 
coupled. 
The obtained transmitted power was used as input power to the lower plate. Thus, it allowed to 
obtain the response of the lower plate caused by an external loading to the upper plate using a 
standard SEA approach where only the lower plate was modeled using VA One. Results for the 
three locations of excitation were averaged to satisfy the spatial averaging assumption of SEA. 
Frequency range and computational expense 
The injected power computations were realised from 10 to 5000 Hz with 500 points, 
corresponding to a linear step of 10 Hz. The injected power was then third octave band averaged 
and spatially averaged from the three different locations of excitation. 
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The modal analysis of the deterministic plate required 160 seconds under NovaM.odal.exe . The 
transmitted power calculations required 70 seconds for each case, and solving the SEA model of 
the lower plate alone required less than 1 second for a total calculation time of approximately 371 
seconds for the three excitation locations. 
Validation of the SEA model enhanced by CMT 
The resulting response of the lower plate obtained with the SEA approach enhanced by the CMT 
technique is compared to the experimental results on Figure 5.15. Only the lower plate results are 
presented since the upper plate is modeled as a power injected to the lower plate. 
Acceptable agreement is found with experimental results over most of the frequency range and 
discrepancies at lower frequencies might be related to the fact that coherence can occur between 
the four connections when the wavelengths are comparable to the connection spacing. In the 
model, the latter connections were assumed independent. 
500 1000 1500 2000 2500 3000 3500 4000 4500 5000 
Hz 
Figure 5.15 : Comparison between SEA enhanced by CMT and experimental results for the third octave 
band averaged mean quadratic velocity of the lower plate. Average response from the three excitation cases. 
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5.1.4 Hybrid FE-SEA junctions approach 
The governing equations of the hybrid FE-SEA approach as summarized in section 3.3 were 
applied to the studied problem. The numerical application has been implemented in Matlab 
routine Hybrid_resolution_V1p2.m. It is based on the following assumptions: 
The upper plate and rods (substructure A) are modeled deterministically as described in 
the full FEM solution of the problem. Free boundary conditions at the interface with the 
lower plate (connections points) are applied. 
The lower plate (substructure B), with high modal count is modeled as a stochastic SEA 
subsystem. 
The connections from A to B are assumed incoherently coupled. 
Modeling the source structure 
The source structure, in the present case the upper plate with 4 rods, was modeled 
deterministically via the finite elements method as presented in section 5.1.1 using the same 
materials properties and damping as for the full FEM model. The modal basis was extracted 
from the FEM part with free boundary conditions, which was performed by recuperating the 
eigenvalues and modal displacements below 5.3 kHz via Matlab as described in section 3.3. A 
total of 35 modes were found with Novamodal.exe. 
Modeling the receiver substructure 
The second step of the approach was to generate a stochastic model of the lower plate, which was 
performed using a Maflab-based code SEA_creator.m developed by Hugues Nelisse from the 
IRSST. The modal damping imposed to the FEM model was employed. 
Determination of the equations 
The first step of the hybrid approach was to obtain the stiffness matrix for the deterministic 
subsystem, exactly as for the CMT approach described in section 5.1.3. 
A total of 35 modes were found below 5.3 kHzwith Novamodal.exe. The deterministic dynamic 
stiffness matrix Ddet was assembled from the dynamic stiffness of the global basis functions. 
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The second step of the approach was to model stochastically the larger plate, which was 
performed using a developed Matlab routine. The local direct field dynamic stiffness arising from 
the propagation of flexural waves within the plate was calculated for each point connection using 
the wave approach described by [LANGLEY <& al. 2003] and outlined in section 3.4. 
The direct field dynamic stiffness was then transformed from the plate local set of coordinates to 
the modal basis coordinates. This was done for each connection and the direct field dynamic 
stiffness matrix of the statistical subsystem D ^ was calculated as the sum of the 4 direct field 
dynamic stiffnesses . Again, this assumes that the four connections were uncorrelated as 
explained in section 5.1.1. 
The total dynamic stiffness of the system in the modal base Dto;was assembled and the input 
power to the stochastic plate from the point force applied to the deterministic plate was 
calculated. The dissipation loss factor of the energy from the stochastic subsystem to the 
deterministic subsystem was calculated and the SEA power balance equation was assembled and 
solved, leading to the modal energy of the stochastic plate which could be converted into 
engineering units, in the present case the mean quadratic velocity of the plate. 
Frequency range and computational expense 
The hybrid computations were realised from 10 to 5000 Hz in 500 points, corresponding to a 
linear step of 10 Hz. Even though such a thin bandwidth does not agree with the SEA hypothesis 
of a high number of modes in the calculation band, it has been chosen to use such a thin 
bandwidth to highlight the capability of obtaining a solution close to the ensemble average of the 
Monte Carlo simulation. It could be argued that the approach was valid since the model 
contained only one SEA subsystem and the deterministic subsystem only interacted with the SEA 
subsystem as a power input and a dissipative component accordingly to the equations presented 
in section 3.3.6. 
The modal analysis of the deterministic plate required 160 seconds under NovaModaLexe . The 
hybrid calculations required 100 seconds for each case, for a total calculation time of 
approximately 260 seconds for one excitation case or 460 seconds for the three excitation 
locations. 
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Validation of the hybrid FEM-SEA model 
Since the hybrid solution should account for uncertainty in properties of the lower plate, the 
validation was conducted by comparison of the results from the hybrid approach with an 
ensemble average of Monte Carlo simulations with 20 masses located randomly on the lower 
plate for a total mass added of 15% of the mass of the plate. The 250 realizations were derived 
from the full FEM model of section 5.1.1. Monte Carlo simulations conducted to a ensemble of 
250 realizations under NovaFEM with direct frequency resolution using the Mammouth super 
calculator of the Universite de Sherbrooke. 
The results are compared in terms of the response of the lower plate which is presented in Figure 
5.16. The light gray traces of Figure 5.16 are the mean quadratic velocity computed for each of 
the 250 realizations, the white trace is the ensemble average of the realizations and the black line 
is the response obtained via the hybrid approach. 
The variance of the response due to the randomly distributed masses is evident over most of the 
whole frequency range of interest, except perhaps at frequencies below 800 Hz. Discrepancies 
below 800 Hz might be explained by a too small variance in the response of the lower plate in 
this range of frequencies. Remaining discrepancies might also be caused by the coherence that 
can occur between the four connections at low frequencies. Good agreement is observed over 
most of the frequency range of interest between the ensemble average response of the Monte 
Carlo simulations and the hybrid solution. 
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Figure 5.16 : Mean quadratic velocity of the statistical plate per unit input force in the deterministic plate. 
Gray lines, computed using a Monte Carlo approach for 250 realisations of ensemble; white line, ensemble 
average of FE results; black line, ensemble average computed using the hybrid approach. 
The resulting response of the lower plate obtained with the hybrid FEM-SEA approach was 
compared as well to experimental results on Figure 5.17. Only the lower plate results are 
presented since the upper plate is modeled as a power injected to the lower plate and additional 
damping in the hybrid FEM-SEA approach. Significant discrepancies occurred at lower 
frequencies and can be explained by the assumption of incoherendy coupled connections. Indeed, 
it was assumed that the four connection points corresponding to the rods were incoherently 
coupled, this assumption is not valid when wavelengths are comparable to the connection 
spacing. However, good agreement is found with experimental results over most of the frequency 
range, thus allowing us to consider the approach as valid. 
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Figure 5.17 : Comparison between hybrid FEM-SEA and experimental results for the third octave band 
averaged mean quadratic velocity of the lower plate. Average response from the three excitation cases. 
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5.1.5 Comparison of the methods 
In order to demonstrate the validity of the reviewed numerical techniques, the results obtained 
using each technique are compared to experimental results. 
As the mean quadratic velocity of the lower plate is considered being the final output of the 
problem, a comparison of the results computed using each technique to the experimental results 
documented Chapter 4 is presented on Figure 5.18. A graphical comparison of the associated 
computational cost in seconds is displayed on Figure 5.19. 
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Figure 5.18 : Mean quadratic velocity of the lower plate computed from each studied techniques versus the 
experimental results in third octave bands. The experimental data are averaged over the three excitation 
locations. 
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Figure 5.19 : Computational expense associated to each approach for the structural problem 
Comparison between the different techniques shows that all the techniques lead to satisfactory 
agreement over the major part of the frequency range. It is found that virtual experimental SEA 
and experimental SEA provide the best results at a smaller computational expense. However, it is 
to be kept in mind that those techniques required either a FEM model to be solved (Virtual SEA) 
or tests (experimental SEA) in order to feed the SEA model. Consequently, the major part of the 
effort was not in terms of computational expense for solving the SEA model, but in terms of pre-
processing to obtain the SEA loss factors from FEM or experimental results. These methods may 
be of interest for built up systems, such as the plate-cavity case of the next section, when the 
coupling between two sub-systems is not affected by the rest of the sub-systems. However, the 
experimental work required becomes the main limitation regarding the use of experimental SEA 
at design stages for cases in which the structure to be modeled has not already been fabricated. 
Consequendy, it is more relevant to highlight the gain in computational expense obtained by the 
use of hybrid FEM-SEA and SEA enhanced by CMT techniques. However, a limitation remains 
in the use of the hybrid FEM-SEA and SEA enhanced by CMT techniques below 1 kHz. As 
previously stated, the discrepancies occurring at low frequency using these approaches can be 
explained by the assumption of non coherence between the four point connections. Indeed, it can 
be stated that the latter assumption is valid as long as the wavelength is small compared to the 
connections spacing, which is not the case at lower frequencies. Indeed, the wavelength can be 
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calculated using the bending wavenumbers from (3.45) and the relation between the wavenumber 
and wavelength: 
X = ^ - (1.1) 
2n 
Then, it is possible to compare the bending wavelength to the connection spacing as shown on 
Figure 5.20. It is found that the bending wavelength becomes shorter than the connection spacing 
at frequencies greater than 620 Hz and that the wavelength becomes half the connection spacing 
around 2 kHz. Hence, it corroborates the fact that the assumption of non coherence between the 
connections is not valid below 1kHz. 
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Figure 5.20 : Comparison between the bending wavelength and the connection spacing in the lower plate. 
Notice that the bending wavelength becomes shorter than the connection spacing at frequencies greater 
than 620 Hz. 
Nevertheless, it is obvious that hybrid FEM-SEA and SEA enhanced by CMT allow lead to 
satisfactory results that take into account deterministic details at a significantiy reduced 
computational expense compared to a full FEM solution. Therefore, it is found that the use of 
such hybrid techniques can be used to obtain adequate results over the major part of the 
frequency range. 
It is also to notice that hybrid FEM-SEA lead to slighdy better results than SEA with CMT. This 
can be explained by the fact that in the hybrid FEM-SEA approach, the determinist part of the 
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model is considered both as a power source and as an additional source of damping since 
reverberant energy in the SEA subsystem can flow back to the determinist part, which is not the 
case in the SEA-CMT approach. Another benefit from the use of hybrid FEM-SEA instead of 
SEA-CMT is that hybrid FEM-SEA allows to compute deterministically the coupling loss factors 
between SEA subsystems linked to the deterministic part. On the other hand, one needs to keep 
in mind that the implementation of the SEA-CMT is much simpler compared to hybrid FEM-
SEA and it still leads to reasonable results using a smaller computational expense, which may be 
valid mostly when the deterministic part is lightly damped. 
A good modeling strategy could consequently be to model the behaviour at lower frequencies via 
a FEM model using a moderately refined mesh and to model the behaviour of the system using a 
hybrid FEM-SEA or CMT approach at higher frequencies. 
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5.2 Application to a coupled fluid-structure problem 
In order to extend the application to radiation into a cavity (coupled structure-cavity problem), 
the simplified roof-main gearbox struts-main gearbox representative structure already used for the 
numerical application of section 5.1 is installed on a cavity in the GAUS facilities. The design of 
the structure is detailed in Appendix A and experimental measurements are documented in 
Chapter 4. 
The chosen configuration for the model will allow validating from a simple geometry the 
application of the hybrid FEM-SEA approach to a coupled fluid-structural problems 
representative of the helicopter. A structural model has already been developed before taking 
account for the coupling with a cavity. The modeled components were only the plates and rods. 
The properties of the structure were already listed in section 5.1 and will not be reproduced here 
for a matter of succinctness. The cavity inner dimensions are listed in Table 5.3 and its acoustic 
absorption was obtained from a measurement of its reverberation time as described in Appendix 
C. 
Table 5.3 : Cavity properties 
Property 
Dimension 1 
Dimension 2 
Dimension 3 
Acoustic absorption 
Value 
0.77m 
0.85 m 
1.19 m 
From RT60 measurement 
The modeling will be realized using the different methods as follows. 
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5.2.1 Full FEM solution of problem 
A full FEM solution of the problem was conducted over the whole frequency range from 10 to 
5 kHz and served as a baseline for comparison with the other developed approaches in terms of 
results as well as in terms of computational expense. 
The FEM modeling consisted in adding an acoustic cavity to the structural FEM model presented 
in section 5.1.1. The lower plate has been modeled using 3375 QUAD4 elements while the upper 
plate was constituted of 2500 QUAD4 elements. In addition, the plates were connected via four 
rod elements as in the case of the structural application. 
The cavity meshing consisted of 91x69x45 BRICK8 elements for a total of 282555 elements as 
displayed on Figure 5.21. It is to be noticed that the mesh is refined adjacent to the lower plate as 
a consequence of the NovaFEM requirement of compatible mesh at the fluid-structure interface. 
Finally, 3375 fluid-structure coupling elements were added by duplicating the lower plate 
elements. 
The model contained a total of 291809 elements and 298841 nodes. The structural modal 
damping table was obtained from experimental data using an in-house Matlab routine called 
gausmodes.m and the modal damping was adjusted in work described at section 5.1.1. The cavity 
modal damping was obtained from work previously done by Kamel Amichi, PhD candidate at 
GAUS laboratories. 
Figure 5.21 : Coupled fluid-structure FEM model. Notice the cavity mesh is refined adjacent to the plate to 
allow compatible mesh for NovaFEM calculations. 
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Convergence study 
The model convergence was validated up to 5 kHz for the structural part of the problem in 
section 5.1.1 and will not be repeated here. The mesh of the cavity was designed to respect the 
practical rule of 6 linear elements per acoustic wavelength up to approximately 2300 Hz. Above, 
this rule was not enforced due to exorbitant computational expenses. This is considered 
satisfactory since the cavity is expected to show diffuse field behaviour at frequencies greater than 
2 kHz based on an experimental determination of Schroeder's frequency presented in Appendix 
C. 
Boundary conditions and loads 
The same boundary conditions and loading were applied to the fluid-structural model as for the 
model of the structure alone: 
• Fixed boundary conditions were applied for the 4 edges of the lower plate as this plate is 
clamped. A validation of the latter boundary conditions is presented in Appendix E. 
• Rotations were constrained at the connections nodes of the rods, which makes sense 
considering the rotational efforts transmitted at the connections from the rods applied to 
the plate, as demonstrated in Appendix D. 
• I N harmonic nodal force load in the vertical direction applied to the upper plate at three 
different locations. 
Frequency range and computational expense 
The frequency range for the direct coupled solution is from 10 to 5000 Hz in 2496 points, 
corresponding to a linear step of 2 Hz. Each case was submitted to parallel calculation on 
Mammouth supercalculator of Universite de Sherbrooke. The computational expense was 
approximately of 120 hours per load case using 64 processors of 3.6 GHz, leading to an 
equivalent computational expense for a single processor of 23040 hours for the three excitation 
cases! 
Validation of the FEM model 
In order to demonstrate the validity of the FEM model, it is relevant to compare the mean 
quadratic velocity and mean quadratic pressure spectra obtained numerically to experimental data. 
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It is seen on Figure 5.22 and Figure 5.23 that good modal convergence is obtained up to 1000 Hz 
for the response of the plates. Third octave band average comparison was conducted as well 
between FEM and experimental values on Figure 5.24 and Figure 5.25. Good agreement was 
found essentially for the lower plate up to 1500 Hz whereas the response of the upper plate 
appeared overestimated above 500 Hz. Those discrepancies occur even if the FEM structural 
only model had shown satisfactory results, suggesting that it can be a consequence of the 
improper modeling of the cavity as discussed hereafter. 
Mean quadratic pressure in the cavity is presented on Figure 5.26 and Figure 5.27 and appear to 
estimate properly the third octave band average value up to approximately 1500 Hz for most of 
the bands. Overestimation occurs around 2500 Hz and is closely related to the overestimation of 
the response of the lower plate which occurs at the same frequency range as stated above. It is 
found that modal count for the cavity in the 2500 Hz band is greater than 1000, highlighting the 
fact that FEM modeling becomes useless, in addition to the loss of quality in measuring the 
modal damping. It must also be understood that at such frequencies, the field becomes diffuse 
and the sensitivity to input parameters becomes huge, thus conducting automatically to 
difficulties into obtaining a good estimation of the response of the system using a deterministic 
approach. 
Considering the results obtained and compared to the experimental results, the FEM model 
appears to lead to satisfactory results at least below 1 kHz. However, results show that FEM 
modeling is not an appropriate modeling strategy for the modeling of coupled fluid-structures at 
higher frequencies. Taking into consideration the required computational expense, the results are 
deceiving and it appears cumbersome no to say hopeless to expect adjusting the model to obtain 
perfect fit due to high sensitivity to input parameters as the field becomes diffuse at higher 
frequencies. These considerations illustrate why deterministic models are useless at high 
frequencies. 
The results obtained via FEM modeling will be compared to the results obtained via experimental 
SEA, SEA enhanced by CMT and hybrid FEM-SEA in section 5.2.5. 
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Figure 5.22: Comparison between FEM and 
experimental results for the mean quadratic velocity 
of the upper plate in the coupled fluid-structure 
application. Average response from the three 
excitation cases. 
Figure 5.23: Comparison between FEM and 
experimental results for the mean quadratic velocity 
of the lower plate in the coupled fluid-structure 
application. Average response from the three 
excitation cases. 
500 1000 1500 2000 2500 3000 3500 4000 4500 5000 
Hz 
0 500 1000 1500 2000 2500 3000 3500 4000 4500 5000 
Hz 
Figure 5.24: Comparison between FEM and Figure 5.25: Comparison between FEM and 
experimental results for the third octave band experimental results for the third octave band 
averaged mean quadratic velocity of the upper plate averaged mean quadratic velocity of the lower plate 
in the coupled fluid-structure application. Average in the coupled fluid-structure application. Average 
response from the three excitation cases. response from the three excitation cases. 
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Figure 5.26: Comparison between FEM and Figure 5.27: Comparison between FEM and 
experimental results for mean quadratic pressure in experimental results for the third octave band 
the cavity. Average response from the three
 a v e raged mean quadratic pressure in the cavity, 
excitation cases. Average response from the three excitation cases. 
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5.2.2 Experimental SEA 
The geometry has been imported in VA One from the Nastran Geometry. Plates were modeled 
as plates subsystems as described in section 5.1.2 and the four rods were replaced by a user-defined 
junction with CLF defined either from experimental results obtained in Appendix F or from the 
FEM simulations (virtual experimental results) as explained previously in section 2.3.1 and 3.2. 
The in vacuo loss factors and coupling loss factors for the plates were used in these solution 
cases, assuming that the cavity did not affect significantly the coupling that occurs between both 
plates. 
The acoustic cavity was added and absorption inside the cavity was defined from RT60 
measurement as described in Appendix C. An acoustic area junction was created to take into 
account coupling between the lower plate and cavity. 
Consequently, this model was constituted of 2 plates and a cavity, a user-defined junction, an acoustic 
area junction and an input power spectrum as shown on Figure 5.28. The modeling of the 
structural part will not be described in the current section to avoid redundancy. 
X 
Figure 5.28: Coupled fluid-structural VA One model with user defined junction between both plates 
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Figure 5.30 : Application of the average internal absorption to the cavity 
An input power spectrum was applied to the upper plate as presented in section 5.1.2 for the 
structural problem. Three cases of solution were compared to the experimental results: 
1. Experimental input power and experimental loss factors between plates determined from 
SEA matrix inversion, coupling radiation loss factor from lower plate to cavity 
determined by standard SEA calculation in VA One. 
2. Experimental input power and experimental loss factors determined between plates by 
the decay rate method and SEA power balances, coupling radiation loss factor from lower 
plate to cavity determined by standard SEA calculation in VA One. 
3. Virtual experimental input power and loss factors between plates calculated from the 
FEM model of section 5.1.1, coupling radiation loss factor from lower plate to cavity 
determined by standard SEA calculation in VA One. 
The methods used to determine the damping loss factors and the coupling loss factors are 
presented in section 3.1 for experimental SEA and 3.2 for virtual experimental SEA, respectively. 
The measurements of the loss factors are documented in Appendix F. The input power was 
calculated as explained in sections 3.1.1 and 3.2.2. 
Frequency range and computational expense 
The frequency range was from 100 Hz to 5000 Hz in third octave bands and calculations required 
less than one second on a 1.6 GHz processor. 
The number of modes in band for each plate is presented in Figure 5.31. It can be seen that at 
frequencies below 1000 Hz, SEA results may not be valid since the number of modes in the band 
is smaller than unity for the upper plate. SEA results for frequencies below 1000 Hz will therefore 
have to be interpreted with caution. 
Validation of the experimental SEA model 
The results obtained using all three cases of solutions are presented in Figure 5.32 to Figure 5.34. 
It is found that results using loss factors from SEA inversion fits best the experimental results in 
terms of mean quadratic velocities of the plates and that results using loss factors based on the 
decay and power balances technique tend to overestimate the response of the lower plate. It is to 
be noticed that results from SEA inversion method are available only for frequencies greater than 
1 kHz since it lead to negative loss factors below 1 kHz as mentioned in appendix F.4. 
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The same potential explanation for the discrepancies between the SEA inversion approach and 
decay technique as in section 5.1.2 remains. As explained by [CLARKSON et a/., 1981], decay 
tests tend to be dominated by the mode in the band which has the lowest damping whereas the 
SEA inversion method should give a value closer to the average of all modes in the band. Then, if 
the DLF are underestimated as can be found from the experimental determination of the loss 
factors presented in Appendix F.4, the computed response will be overestimated. 
Results obtained from virtual experimental SEA as well lead to unsatisfactory results, as could be 
expected. Indeed, the poor performance of virtual experimental SEA is closely related to the 
discrepancies that were found between results from the FEM model and experimental results. 
When comparing results in terms of mean quadratic pressure inside the cavity, one can notice that 
the model using loss factors from SEA inversion shows good agreement with experimental 
results over the major part of the frequency range except for the 4 kHz and 5 kHz bands were the 
pressure level is underestimated even though the mean quadratic velocity was evaluated correctly. 
A possible explanation for this discrepancy could be an overestimation of the cavity internal 
absorption at those frequencies, perhaps caused by leaks. 
However, the SEA inversion method allowed obtaining satisfactory results for the response of 
the plates and a good trend of the response of the cavity in comparison with the decay and power 
balance method. Hence, it can be considered as the best experimental SEA model and the SEA 
results from decay and power balances and virtual experimental SEA will be discarded in the final 
comparison of the techniques presented in section 5.2.5. 
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Figure 5.31: Number of modes in band for the SEA subsystems of the fluid-structural model 
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Figure 5.34 : Comparison between SEA and experimental results for the third octave band averaged mean 
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structural problem. 
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5.2.3 SEA m o d e l enhanced with the C M T 
The governing equations of the approach are presented in section 2.3.2 and were applied to the 
simplified helicopter gearbox problem for the calculation of the transmitted power from the 
upper plate and rods to the lower plate. The numerical calculation of the transmitted power has 
been implemented in the Matlab script Source_pon>er_calc_CMT.m and the SEA response was 
calculated using VA One. The approach is the same as in the case of the structural problem 
except that the receiver plate is coupled to an acoustic cavity for the SEA calculation of the 
response. It is based on the following assumptions: 
The upper plate (structure A) and rods will be modeled deterministically as described in 
the full FEM solution of the problem. Free boundary conditions at the interface are 
applied. 
On the other hand, the lower plate (substructure B), with high modal count will be 
modeled as a stochastic subsystem. 
The connections from A to B are assumed incoherendy coupled. 
The cavity does not influence significandy the coupling between both plates. 
Modeling the source and receiver structures 
The source structure, in the present case the upper plate with 4 rods is modeled deterministically 
whereas the receiver structure is the lower plate modeled stochastically. The approach is the same 
as in the study of structural case and is not reproduced here to avoid redundancy. For further 
details refer to section 5.1.3. 
Calculating the response of the receiver structure and coupled cavity 
The total transmitted power from the source structure to the receiver structure was calculated by 
the same approach as in section 5.1.3, based on the assumption that the cavity does not influence 
significantly die coupling between both plates. 
The obtained transmitted power was used as an input to a standard SEA model of the lower plate 
and cavity. 
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Frequency range and computational expense 
The injected power computations were realised from 10 to 5000 Hz in 500 points, corresponding 
to a linear step of 10 Hz. Even though such a thin bandwidth does not agree with the SEA 
hypothesis of a high number of modes in the calculation band, it has been chosen to use such a 
thin bandwidth to obtain the modal variation of the FEM part of the model. The injected power 
was then third octave band averaged and spatially averaged using the three excitation locations. 
The modal analysis of the deterministic plate required 160 seconds under NovoM.odal.exe . The 
transmitted power calculations required 70 seconds for each case, and solving the SEA model of 
the lower plate and cavity required less than 1 second for a total calculation time of approximately 
371 seconds for the three excitation locations. 
Validation of the SEA model enhanced by CMT 
The resulting response of the lower plate and of the cavity obtained with the SEA approach 
enhanced by the CMT technique are compared to the experimental results on Figure 5.35 and 
Figure 5.36 respectively. The response of the upper plate is not presented since it is considered as 
a power injected to the lower plate. 
It is observed that the main tendency is well captured by the method over the whole frequency 
range with good agreement above 1kHz apart from the 5kHz band. 
Discrepancies at lower frequencies might be caused by the fact that coherence can occur between 
the four connections when the wavelengths are comparable to the connection spacing and the 
latter connections were assumed incoherently coupled. 
When comparing results in terms of mean quadratic pressure inside the cavity, one can notice that 
the model shows good agreement with experimental results over the major part of the frequency 
range except for the 4 kHz and 5 kHz bands, conducting to the possible explanation for this 
discrepancy could be caused from an overestimation of the cavity internal absorption at those 
frequency, perhaps caused by leaks or measurement errors. 
Nevertheless, since the approach captures the main tendencies and leads to good agreement with 
experimental results over the major part of the frequency range, it is possible to consider the 
approach is valid. Consequently, it will be possible to use the CMT technique to determine the 
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response of a helicopter cabin via SEA and still take into account deterministic details of the 
structure-borne power input from the main gear box. 
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Figure 5.35 : Comparison between SEA enhanced by CMT and experimental results for the third octave 
band averaged mean quadratic velocity of the lower plate. Average response from the three excitation cases 
of the fluid-structural problem. 
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Figure 5.36 : Comparison between SEA enhanced by CMT and experimental results for the third octave 
band averaged mean quadratic pressure inside the cavity. Average response from the three excitation cases 
of the fluid-structural problem. 
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5.2.4 Hybrid F E - S E A junctions approach 
The governing equations of the approach are summarized in section 3.3 and were applied to the 
simplified helicopter gearbox problem. The numerical application has been implemented in 
Matlab routine Hybrid_resolution_V1p2.m and allowed to calculate the power injected to the lower 
plate and resulting damping loss factor from the internal damping and energy dissipation through 
the deterministic part. 
Those outputs were used in VA One for the calculation of the SEA response. The approach is 
the same as in the case of the structural problem except that the receiver plate is coupled to an 
acoustic cavity for the SEA calculation of the response and is based on the following 
assumptions: 
The upper plate (structure A) and rods will be modeled deterministically as described in 
the full FEM solution of the problem. Free boundary conditions at the interface are 
applied. 
On the other hand, the lower plate (substructure B), with high modal count will be 
modeled as a stochastic subsystem. 
The connections from A to B are assumed incoherently coupled. 
The cavity does not influence significantly the coupling between both plates. 
Modeling the source structure 
The source structure, in the present case the upper plate with 4 rods, was modeled 
deterministically via the finite elements method as presented in section 5.1.1 using the same 
materials properties and damping as from the full FEM model. The modal basis was extracted 
from the FEM part with free boundary conditions, which was performed by extracting the 
natural frequencies and mode shapes below 5.3 kHz via Matlab as described in section 3.3. A total 
of 35 modes were found with Novamodal.exe. 
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Modeling the receiver substructure 
The second step of the approach was to model stochastically the larger plate, which was 
performed using a Matlab routine SEA_creator.m developed by Hugues Nelisse from the IRSST. 
The modal damping imposed to the FEM model was employed. 
Determination of the hybrid equations 
The same procedure as for the structural problem described in section 5.1.4 was employed and is 
not reproduced here to avoid redundancy. 
The total dissipation loss factor of the lower plate including the energy flow to the deterministic 
subsystem was calculated as well as the input power from the deterministic subsystem. Those two 
outputs were used to feed the SEA model of the lower plate and cavity under VA One. 
Frequency range and computational expense 
The hybrid computations were reali2ed from 10 to 5000 Hz in 500 points, corresponding to a 
linear step of 10 Hz. Then, the input power and damping loss factors were third octave band 
average to be used as inputs to the SEA model which was solved in third octave bands from 100 
to 5000 Hz. 
The modal analysis of the deterministic plate required 160 seconds under NovaModal.exe . The 
hybrid calculations required 100 seconds for each case, for a total calculation time of 
approximately 260 seconds for one excitation case or 460 seconds for the three excitation 
locations. The SEA model was solved in less than one second, leading to a total CPU expense of 
461 seconds. 
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Validation of the hybrid FEM-SEA model 
The resulting responses of the lower plate and cavity obtained with the hybrid FEM-SEA 
approach are compared to experimental results on Figure 5.37 and Figure 5.38 respectively. The 
response of the upper plate is not presented because it is modeled as a power injected to the 
lower plate and additional damping in the hybrid FEM-SEA approach. 
Good agreement is found between predicted and measured mean quadratic velocity of the plate 
over most of the frequency range and discrepancies at lower frequencies might be caused by the 
fact that coherence can occur between the four connections when the wavelengths are 
comparable to the connection spacing. 
When comparing results in terms of mean quadratic pressure inside the cavity, one can notice that 
the model shows good agreement with experimental results over the major part of the frequency 
range except at lower frequencies, which may result from discrepancies between predicted and 
experimental mean quadratic velocity of the lower plate. It is to notice as well that for the 4 kHz 
and 5 kHz bands the pressure level is underestimated even though the mean quadratic velocity 
did not show such large discrepancies. The same problem occurred in the case of the 
experimental SEA models and SEA-CMT model. Again, it is likely that this discrepancy originates 
from an overestimation of the cavity internal absorption at those frequency, perhaps caused by 
leaks or measurement errors. 
However, good agreement is found with experimental results over most of the frequency range, 
thus corroborating the validity of the approach. Consequently, it will be possible to use the hybrid 
FEM-SEA technique to determine the resulting damping loss factor and power to inject to a 
subsystem from a larger SEA model and subsequently solve the SEA model. This can be used 
for instance in order to determine the response of a helicopter cabin via SEA and still take 
account for deterministic details such as mechanical power input from the main gear box. 
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Figure 5.37 : Comparison between hybrid FEM-SEA and experimental results for the third octave band 
averaged mean quadratic velocity of the lower plate. Average response from the three excitation cases of the 
fluid-structural problem. 
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Figure 5.38 : Comparison between hybrid FEM-SEA and experimental results for the third octave band 
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5.2.5 Comparison of the methods 
In order to demonstrate the validity of the reviewed numerical techniques, the results obtained 
using each technique are compared to experimental results. 
As the mean quadratic velocity of the lower plate and mean quadratic pressure inside the cavity 
are considered being the final outputs of the problem, a comparison of the results computed 
using each technique based on the experimental results described in Chapter 4 for mean quadratic 
velocity of the plate are presented on Figure 5.39 and Figure 5.40 respectively. 
A graphical comparison of the computational expense in seconds is displayed on Figure 5.41. 
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Figure 5.39 : Comparison of the mean quadratic velocity of the lower plate computed from each studied 
techniques with the experimental results in third octave bands. Average response from the three excitation 
cases of the fluid-structural problem. 
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Figure 5.41 : Computational expense associated to each approach for the coupled fluid-structural problem. 
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Comparison between the different techniques show that the full FEM model allowed to obtain 
the best results for frequencies below 1 kHz. However, at higher frequencies, notably better 
results are obtained using the other considered approaches with drastically less computational 
expense. Thus, it is obvious to discard FEM modeling as an appropriate modeling strategy for 
high frequency problems at a design stage. 
It is found that virtual experimental and experimental SEA appear to provide good results with 
the smallest computational expense. However, it is to be kept in mind that those techniques 
required either a FEM model to be solved or an experimental procedure to be conducted in order 
to feed the SEA model. Consequently, the major part of the effort was not in terms of 
computational expense for solving the SEA model, but in terms of pre-processing to obtain the 
SEA loss factors from FEM or experimental results. This is the main limitation of the use of 
experimental SEA at design stages in which the structure to be modeled has not already been 
fabricated. 
Consequently, it is more relevant to highlight the gain in computational expense obtained by the 
use of hybrid FEM-SEA and SEA enhanced by CMT techniques. Nevertheless, a limitation 
remains in the use of the hybrid FEM-SEA and SEA enhanced by CMT techniques below 1 kHz. 
As previously stated, the discrepancies occurring at low frequency using these approaches can be 
explained by the assumption of non coherence between the four point connections. Indeed, it can 
be stated that the latter assumption is valid as long as the wavelength can be small compared to 
the connections spacing, which is not the case at lower frequencies as it was demonstrated in 
section 5.1.5. 
Nevertheless, it is obvious that hybrid FEM-SEA and SEA enhanced by CMT allow obtaining 
satisfactory results that take into account deterministic details at substantially less important 
computational expense compared to a full FEM model assuming the latter doable. Therefore, it is 
found that the use of such hybrid techniques can be used to obtain adequate results over the 
major part of the frequency range. 
It is also to be noticed that hybrid FEM-SEA lead to slightly better results than SEA with CMT in 
a few frequency bands. This can be explained by the fact that in the hybrid FEM-SEA approach, 
the determinist part of the model is considered both as a power source and as an additional 
source of damping since reverberant energy in the SEA subsystem can flow back to the 
determinist part, which is not the case in the SEA-CMT approach. On the other hand, it is to 
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keep in mind that the SEA-CMT is a much simpler technique to implement than hybrid 
FEM-SEA that still lead to reasonable results at a less important effort that can be valid, mostiy 
for lightly damped deterministic subsystems. 
A good modeling strategy could consequendy be to model behaviour at lower frequencies such as 
up to 1 kHz via a FEM model using a moderately refined mesh and to model the behaviour of 
the system using a hybrid FEM-SEA or CMT approach for greater frequencies. 
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6 Perspectives regarding application to the structure-borne noise 
in helicopter cabins 
The numerical application examples conducted and presented in the previous Chapter show that 
all the reviewed techniques allowed to reach satisfactory agreement over the major part of the 
frequency range. 
It is found that virtual experimental and experimental SEA appear to provide best results at a 
smaller computational expense. However, it is to be kept in mind that those techniques required 
either a FEM model to be solved or an experimental procedure to be conducted in order to feed 
the SEA model. Consequently, the major part of the effort was not in terms of computational 
expense for solving the SEA model, but in terms of pre-processing to obtain the SEA loss factors 
from FEM or experimental results. This is the main limitation of the use of experimental SEA at 
design stages in which the structure to be modeled has not already been fabricated and contain 
components with low modal density that are not eligible to be modeled via classical SEA. 
It is also noticeable that the FEM model allowed to obtain results in good agreement with the 
experimental results for structural only problems. However, as expected, poor results were 
obtained at higher frequencies for the case of coupled fluid-structural problem as the cavity 
presented a diffuse field behavior. It could be argued that increasing the internal absorption of the 
cavity could increase the frequency validity range, thus improving the results. However, this was 
not done since the main objective of the current work was to highlight the advantages and weak 
spots of the compared approaches. Furthermore, it is impossible to discount the exorbitant 
computational expense related to conducing full deterministic modeling of vibroacoustic 
problems at high frequencies, thus showing this is not an appropriate modeling strategy for high 
frequency problems at a design stage. 
In addition to the computational expense concern, as previously introduced in Chapter 2, 
[GAGLIARDINI 2005] pointed out that the overall detailed deterministic modeling seems 
hopeless not to say meaningless, regarding diversity due to manufacturing imperfections resulting 
in variable physical properties or boundary conditions. It was also stated by 
fLANGLEY et al, 2005] that systems become increasingly sensitive to imperfections with 
increasing frequency; also, at high frequencies it might be anticipated that the statistics of the 
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response will be independent of the detailed nature of the system randomness. Stochastic 
approaches such as SEA then become more applicable. 
Consequently, it is more relevant to highlight the gain in computational expense obtained by the 
use of hybrid FEM-SEA and SEA enhanced by CMT techniques. Nevertheless, a limitation 
remains in the use of the hybrid FEM-SEA and SEA enhanced by CMT techniques below 1 kH2. 
As previously stated, the discrepancies occurring at low frequency using these approaches can be 
explained by the assumption of non coherence between the different point connections. Indeed, 
it can be stated that the latter assumption is valid as long as the wavelength can be small 
compared to the connections spacing, which is not the case at lower frequencies. At very low 
frequencies, it is thus recommended to perform virtual experimental SEA that allows to take into 
account the coherence that occur between the connections. 
Using the two studied numerical examples, hybrid FEM-SEA and SEA enhanced by CMT 
allowed to obtain satisfactory results that take into account deterministic details at clearly less 
important computational expense than from the FEM and without requiring experimental inputs 
to the model. Therefore, it is found that the use of such hybrid techniques can be used to obtain 
adequate results over the major part of the frequency range. 
It is also to be noticed that hybrid FEM-SEA lead to slightly better results than SEA with CMT. 
This can be explained by the fact that in the hybrid FEM-SEA approach, the determinist part of 
the model is considered both as a power source and as an additional source of damping since 
reverberant energy in the SEA subsystem can flow back to the determinist part, which is not the 
case in the SEA-CMT approach. In the considered cases, the results using hybrid FEM-SEA or 
SEA-CMT led to similar results since the deterministic part of the model was lightly damped. 
However, if the deterministic part had been highly damped, it would have been gainful to use the 
hybrid FEM-SEA to take into account the dissipation through the latter part of the model in 
order to obtain adequate results. 
Another situation in which the use of hybrid FEM-SEA is relevant is the case of two SEA 
subsystems linked by a component which cannot be modeled via classical SEA, or in the case 
where strong coupling exists between both subsystems. Indeed, hybrid FEM-SEA allows to 
compute deterministically the coupling loss factors between SEA subsystems connected to a 
common deterministic part. This can be the case for instance when double wall layers modeled 
using SEA are linked together via rigid structural mounts that create a structural path for 
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transmission of noise. A study of the latter problem was conducted at GAUS in collaboration 
with [LEGAULT 2007] and the hybrid FEM-SEA appeared as an interesting solution to the 
problem of the structural path that occur through trim mounts in aircraft structures. The used 
hybrid FEM-SEA modelling for this example is presented in Appendix G and the obtained 
results compared favourably to experimental results. 
Ultimately, the hybrid FEM-SEA modeling appears as a powerful modeling approach that can be 
used advantageously for vibroacoustic problems involving structure-borne noise. On the other 
hand, it is important to keep in mind that the SEA-CMT is a much simpler technique to 
implement than hybrid FEM-SEA that still lead to reasonable results using a smaller 
computational expense. 
In closure, a good modeling strategy for the problem of the main gearbox structure-borne noise 
in helicopters cabins could consequently be to model behaviour at lower frequencies via a FEM 
model using a moderately refined mesh and to model the behaviour of the system using a hybrid 
FEM-SEA or CMT approach for higher frequencies. 
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7 Conclusion 
7.1 Review of the thesis 
The main objective of this Master's thesis was to review, develop and compare advanced and 
refined modeling strategies for structure-borne sound from main gearbox excitation in helicopters 
using an idealized problem consisting of two plates connected by four beams. A literature review 
of the helicopter cabin noise problematic was conducted in Chapter 1 in order to show the 
relevance of modelling correctly structure borne noise from the helicopter gearbox. 
Two governing modeling strategies were reviewed in Chapter 2, the deterministic and stochastic 
approaches, precisely the Finite Elements Method and Statistical Energy Analysis. The hybrid 
FEM-SEA theory presented by [SHORTER et a/., 2004, 2005a,b,c,d] to overcome the mid-frequency 
problem was also introduced. 
The theoretical background required for the application of the numerical approaches to the 
studied problem was introduced in Chapter 3. Theory was presented regarding experimental and 
virtual experimental SEA, followed by the theoretical background of the hybrid FEM-SEA 
method. Finally, an alternative approach was suggested which consisted in standard SEA 
modelling enhanced by a Component Mobility modeling Technique; the latter is used to calculate 
the input power from the deterministic subsystem to the SEA subsystem. 
An experimental case study was presented in Chapter 4 and the measurement methodology was 
exposed. 
Chapter 5 consisted in numerical applications to compare the FEM, experimental and virtual 
experimental SEA, SEA-CMT and hybrid FEM-SEA methods for both a strictly structural 
vibration problem and a coupled fluid-structural extension of the latter problem. Numerical 
results were compared to experimental data from Chapter 4 and the accuracy of the considered 
methods was discussed. 
Chapter 6 summarized the main remarks regarding each technique and discussed the validity and 
relevance of the recently developed hybrid FEM-SEA and SEA-CMT technique with a specific 
attention to the case of modeling structure-borne noise in helicopter cabins. 
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7.2 Prospective work 
As stated, the current candidate's mandate of developing a robust hybrid FEM-SEA method for 
modelling structure-borne noise on typical aircraft structures was a part of a wider project to meet 
the goal of being able to incorporate virtual modifications with considerable amounts of 
confidence at the design stage for future generations of BHTC's helicopters. Some of the future 
tasks to be conducted following this thesis are: 
Implement the developed hybrid FEM-SEA method in the case of a real helicopter 
gearbox structure; 
Test the methodology using the gearbox bench test developed at GAUS 
[BELANGER 2006]; 
Implement the developed hybrid FEM-SEA method in a BHTC helicopter model in both 
green and furnished configuration; 
Experimental validation on the helicopter's model, conditional to internal funding by 
BHTC; 
Develop design solutions; 
Transfer the developed models and related technologies to BHTC. 
The implementation of the developed hybrid FEM-SEA method to the helicopter in green 
configuration will be based on the model developed originally by Guillaume Cousineau-Bouffard 
(Green Helicopter) and refined and furnished by Claire Balouet (furnished helicopter) 
[COUSINEAU-BOUFFARD 2005]; [BALOUET 2007]. As previously stated in the introduction, 
the SEA models of the Bell 430 helicopter in its green and furnished configurations were created 
using AutoSEA, validated experimentally and dedicated to the prediction of airborne noise 
transmission. 
7.3 Additional opportunities 
As mentioned in Chapter 6, hybrid FEM-SEA can also be a relevant approach for the case of two 
or more SEA subsystems linked by a component which cannot be modeled accurately via classical 
SEA. This can be the case for instance of prediction the transmission loss of double wall systems 
with structural mounts (connections between the walls) that create a structural path for 
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transmission of noise. This is the case of aircraft sidewalls where a lightweight trim panel is 
attached to the skin through trim mounts. A preliminary study of the latter problem was 
conducted in collaboration with [LEGAULT 2007] and the hybrid FEM-SEA appeared as an 
interesting solution to the problem. The hybrid FEM-SEA modelling for this example is 
presented in Appendix G and compared to experimental results. 
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Appendix A Design of the simplified structure for the 
development of the method 
In order to develop the method, a simplified roof-main gearbox struts- main gearbox 
representative structure has to be chosen. Its design was based on the shape of the main gearbox 
attached to a roof representative plate installed on a cavity in the GAUS facilities. As it had been 
mentioned, numerical results from simulation will be compared to experimental measurements. 
A.1 Overview of the experimental structure 
As can be seen on Figure A.l, the structure consists of an aluminium plate (1) on which are 
installed four rods (3). Finally, the upper plate (2) is installed on the four rods. 
The chosen configuration for the model will be used to validate the hybrid FE-SEA approach. 
The modeled components will be only the plates and springs. A detailed view of each component 
of the experimental setup will be presented in the following section. 
A.2 Review of the components 
In the current section, a review of all the components of the experimental setup is presented. All 
the dimensions on the illustrations are in millimetres unless specified. 
Figure A.l: Geometry of the simplified roof-main gearbox struts- main gearbox representative structure. 
1- Roof representative aluminium plate, 2- Upper aluminium plate and 3- rods attached with 4- machine 
screws. 
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Figure A.2: Roof representative aluminium plate 
The roof representative plate will be made of 2 mm thick 3003 H I 4 aluminium plate with 
properties as shown in Table A.l. The choice of plate thickness will be discussed in the next 
paragraph. The dimensions exposed to the cavity will be of 300 mm by 500 mm, the edges of the 
plate being considered clamped in the numerical models. The structural damping is approximated 
from the average modal damping determined experimentally for the calculation of the modal 
overlap. 
In practice, the built plate dimensions will be greater of 50 m m in all directions in order to clamp 
the latter plate properly to the cavity structure. 0.190 inch diameter holes will be drilled in the 
plate in order to allow to attach the plates with the rods by the use of screws. 
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Table A.l : Estimated properties of the lower plate 
Property 
Length a 
Width b 
Thickness h 
Young's Modulus E2 
Density o 
Pois son's Ratio v 
Structural Damping 77 
Lower plate 
0.500m 
0.300 m 
0.002 m 
73.1 GPa 
2700 kg/m3 
0.33 
2 % 
The thickness of the lower plate has been chosen in order to be able to encounter the SEA 
hypotheses within the frequency range of interest while still allowing the use of FEM over the 
entire frequency range. 
In order to validate the SEA approach, these hypotheses must be validated. 
• Low damping 
• Low modal coupling 
• High modal overlap (>1) 
With the modal overlap M defined by [Atalla 2007] 
M = o)T]n(o}) (1.1) 
CO being the angular frequency, rj the damping and the modal density is defined by [Atalla 2007] 
as (1.2) 
2
 Material properties are issued from http: / /www.matweb.com and were adjusted by comparison of FEM and 
experimental data 
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Where A is the surface area, p the density, h the plate thickness and the stiffness D as in (1.3) 
Fh3 
D= , , . (1.3) 
1 2 ( l - u 2 ) 
With E the Young's Modulus and V is the Poisson Ratio. 
Modal overlap is presented for three different plate thicknesses in Figure A.3 for the lower plate. 
— M for h=1 mm 
• - M for h=2 mm 
•••Mforh=3mm 
2000 3000 
f(Hz) 
5000 
Figure A.3: Modal overlap vs frequency for the lower plate 
It is seen on Figure A.3 that modal overlap becomes greater than unity at frequencies above 
2 kHz, thus allowing proper SEA modeling between 2 and 5 kHz for the lower plate. It is also to 
mention that a FEM modal Analysis under NX Nastran for the clamped plate found 102 modes 
from 0 to 5 kHz. 
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A.2.2 Upper plate 
The upper plate is a 3.175 mm thick 3003 H14 all purpose aluminium plate of dimensions 200 
mm per 216 mm as shown on Figure A.4. The latter plate is to be placed on the four support 
rods and has been chosen to be stiff besides the lower plate, in order to be representative of the 
helicopter roof-gearbox combination. Plate properties are listed in Table A.2. 
o 
8 
* + 
216 
10 
o 
\o 
Figure A.4: Upper plate 
Table A.2 : Estimated properties of the upper plate 
Property 
Length a 
Width b 
Thickness h 
Young's Modulus E3 
Density Q 
Pois son's Ratio v 
Structural Damping 7] 
Upper plate 
0.200m 
0.216 m 
0.003175 m 
73.1 GPa 
2730 kg/m3 
0.33 
0.7 % 
3
 Material properties are issued from http: / / www.matweb.com and were adjusted by comparison of FEM and 
experimental data 
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Modal overlap is presented for three different plate thicknesses Figure A.5 for the upper plate. It 
is seen that modal overlap is widely below unity, highlighting the pertinence of a hybrid FE-SEA 
approach in modeling the system efficiendy. It is also to mention that a FEM modal Analysis 
under NX Nastran found 35 modes including 6 rigid modes for the free plate from 0 to 5 kHz. 
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Figure A.5: Modal overlap vs frequency for the upper plate 
A.2.3 Rods 
Support rods as shown on Figure A.6 were used to represent the gearbox struts. The rods are 
made of aluminium and are 100 mm long with a diameter of 12.68 mm. The ends of the rods 
present UNF 10-32 threaded holes in order to be attached to the plates by the use of screws. 
±& CLH) 
Figure A.6: Support rods 
A.2.4 Pan head cap s c r e w 
Standard UNF 10-32 Pan head cap screws (5) are used to fasten the plates with the spring fixation 
inserts (4). 
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Appendix B Validation of the Nastran to NovaFEM conversion 
and NovaFEM models 
The FEM modeling will be accomplished using FEMAP and the model will be exported to 
Nastran format and then converted in NovaFEM format via Matlab. The advantages of using 
NovaFEM are that NovaFEM is a FEM solver direcdy adapted for fluid-structure coupled 
problems and that the solver is available on Mammouth super calculator of the University of 
Sherbrooke Center for Computations in Science. In order to validate the conversion from 
Nastran to NovaFEM file format, simple cases of known solutions will be compared. In all cases, 
NovaFEM will use a direct resolution instead of a modal based resolution. 
B.l Simply supported plate with point load 
The first comparison was a simply supported plate submitted to a nodal periodic ION point 
force. The plate was modeled under Nastran and converted into a NovaFEM model. An analytic 
solution was also obtained using a in-house code named ADNR based on the Rayleigh-Ritz 
method. 
Figure B . l : Simply supported plate with 10 N point force 
The properties of the plate are as shown in Table B.l and it was modeled using 1569 QUAD4 
plate elements and the model was solved with a direct resolution from 10 Hz to 1000 Hz using a 
linear step of 2 Hz under Nastran and NovaFEM. 
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Table B.l Properties of the plate used for NovaFEM validation 
Property 
Length a 
Width b 
Thickness h 
Young's Modulus E 
Density Q 
Poisson ratio v 
Value 
0.500m 
0.300 m 
0.0047625 m 
75GPa 
2700 kg/m3 
0.33 
The three different solutions are compared on Figure B.2 in terms of mean quadratic velocity and 
show very good agreement, thus validating the approach for single plates. 
1000 
Figure B.2 : Mean quadratic velocity on simply supported plate with 10 N point force. Frequency linear step 
of 2 Hz. 
121 
B.2 Simply supported plate with point load and point stiffness 
In order to validate spring elements insertion in the NovaFEM model, a simply supported plate 
with ION point load and a l x l 0 7 N / m point stiffness case was compared. The stiffness was 
modeled as a spring element in FEMAP connected to one end with the plate and the other end 
was fixed, the element was then converted to equivalent CROD for Nastran. The NovaFEM 
model used a spring element connected to one end with the plate and the other end was fixed. An 
analytic solution was also obtained using a in-house code named ADNR based on the Rayleigh-
Ritz method. 
Figure B.3 : Simply supported plate with 10 N point force and lxlO7 N / m point stiffness 
The plate properties are as shown in Table B.l and it was modeled using 1569 QUAD4 plate 
elements and the model was solved with a direct resolution from 10 Hz to 1000 Hz using a linear 
step of 2 Hz under Nastran and NovaFEM. The three different solutions are compared on Figure 
B.4 in terms of mean quadratic velocity and show good agreement, thus validating the approach 
for the spring elements. 
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Figure B.4 : Mean quadratic velocity on simply supported plate with 10 N point force and lxlO7 N / m point 
stiffness. Frequency linear step of 2 Hz. 
B.3 Simply supported plate coupled by four springs to a plate with point 
load 
In order to validate the approach used for converting from Nastran to NovaFEM for plates 
coupled with springs, a simply supported plate with 4 springs supporting another plate was 
modeled. ION point load was applied to the upper plate and 4 springs of 26786 N/m stiffness 
coupled the two plates. The geometry was as shown on Figure B.5. 
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Figure B.5 : Simply supported plate coupled with another plate by four springs with 10 N point force and 
26786 N / m springs stiffness. 
The plate properties are as shown in Table B.2. The lower plate was modeled using 5940 QUAD4 
plate elements and the upper plate consisted of 1596 QUAD4 elements. The springs were 
modeled as a spring element in FEMAP connected to nodes on both plates, the spring elements 
were then converted to equivalent CROD for Nastran. The NovaFEM model used spring 
elements connected to nodes on both plates as well. 
Table B.2 Properties of the coupled plates for NovaFEM validation 
Property 
Length a 
Width b 
Thickness h 
Young's Modulus E 
Density Q 
Poisson ratio v 
Lower plate 
0.500m 
0.300 m 
0.0047625 m 
75GPa 
2700 kg/m3 
0.33 
Upper plate 
0.216m 
0.200 m 
0.0047625 m 
75GPa 
2700 kg/m3 
0.33 
The model was solved with a direct resolution from 10 Hz to 1000 Hz using a linear step of 2 Hz 
under Nastran and NovaFEM. Nastran and NovaFEM results are compared in terms of mean 
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quadratic velocity. Mean quadratic velocity of the upper and lower plates are shown on Figure B.6 
and Figure B.7 respectively and show good agreement, thus validating the approach used for 
converting from Nastran to NovaFEM for plates coupled with springs. 
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Figure B.6: Mean quadratic velocity on the upper plate with 10 N point force and 26786 N / m springs. 
Frequency linear step of 2 Hz. 
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Figure B.7 : Mean quadratic velocity on the lower plate with 10 N point force on the upper plate and 
26786 N / m springs. Frequency linear step of 2 Hz. 
B.4 Simply supported plate coupled to a cavity 
In order to validate the ability to model fluid-structure coupling, a model was developed for a 
simply supported plate submitted to a nodal periodic ION point force and coupled with a cavity . 
The plate was modeled under Nastran and converted into a NovaFEM model via Matlab. An 
equivalent model was developed using the NovaFEM graphical user interface direcdy in order to 
validate the conversion via Madab and a modal based solution was also obtained using an in-
house GAUS code namedplacav.exe. 
k-
-•v* 
Figure B.8 : Simply supported plate with 10 N point force 
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The properties of the plate are as shown in Table B.3 and it was modeled using 1500 QUAD4 
plate elements. The fluid properties are shown in Table B.4 and the cavity was modeled using a 
compatible mesh with 15000 BR1CK8 elements, thus 10 elements were used along the height of 
the cavity and the model was solved direcdy from 10 Hz to 5000 Hz using a linear step of 10 Hz. 
A modal based solution was also obtained 10 Hz to 5000 Hz with a linear step of 10 Hz. 
Table B.3 Properties of the plate forNovaFEM fluid-structure validation 
Property 
Length a 
Width b 
Thickness h 
Young's Modulus E 
Density o 
Poisson ratio v 
Damping loss factor 
Value 
0.500m 
0.300 m 
0.0047625 m 
69GPa 
2742 kg/m3 
0.33 
0.007 
Table B.4 Cavity properties for NovaFEM fluid-structure validation 
Property 
Length a 
Width b 
Heigth h 
Speed of sound 
Fluid density 
Damping loss factor 
Value 
0.500m 
0.300 m 
0.100 m 
342.2 m / s 
1.213 kg/m3 
0.01 
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The three different solutions are compared on Figure B.9 in terms of mean quadratic velocity of 
the plate and mean quadratic pressure in the cavity is presented on Figure B.10 show good 
agreement, thus validating the approach for single plates coupled to fluid cavities. It is seen on 
Figure B.10 that from 2500 Hz the results for mean quadratic pressure start to show differences, 
thus the need to refine the mesh or to switch to SEA techniques, however, the interaction 
between the fluid and the structure can be said validated. 
128 
-80 
Vquad NovaFEM mesh 
Vquad FEMAP mesh 
Vquad placav.exe 
0 500 1000 1500 2000 2500 3000 3500 4000 4500 5000 
f(Hz) 
Figure B.9 : Mean quadratic velocity on simply supported plate with 10 N point force. Frequency linear step 
of 10 Hz. 
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Figure B.10 : Mean quadratic pressure in the cavity coupled to the simply supported plate. Frequency linear 
step of 10 Hz. 
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Appendix C Measurement of the cavity acoustic absorption 
This appendix details the acoustic absorption measurement methodology that was employed to 
determine the reverberation times (RT60) of the acoustic cavity, thus making possible the 
computation of the Sabine absorption coefficient of the cavity that was coupled to the tested 
structure. 
C.l Purpose of the measurement 
This measurement allowed to characteri2e the acoustic cavity in order to confirm the newly 
constructed cavity could be considered as reverberant. 
C.2 Methodology 
• Acoustical properties of the cavity are measured with the cavity closed by two caps made 
of the same materials as the walls. 
• Measurements will be conducted by the use of 8 microphones randomly distributed inside 
the cavity as shown on Figure C.l, thus being consequent with the SEA assumption of 
space averaged properties. 
• The acoustic excitation is performed using a JBL 2445J compression driver connected to 
the cavity via a steel tube across the cavity wall as shown on Figure C.l. This excitation 
device was chosen in order to limit the acoustic absorption due to the membrane of a 
classical speaker. 
• Using 5 measurements for each of the 8 microphones, 40 decays were recorded. 
• Random excitation was generated by the Pulse Analysis System, passed through a high 
pass filter with cut off frequency at 100 Hz and an equalizer. 
• Time traces were recorded with parameters for 0-6.4 kHz analysis with the Pulse Analysis 
system. 
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Figure C.l: Microphones distribution inside the cavity 
Hardware and software requirement 
Pulse Analysis System, B&K 
- High pass filter with cut off frequency at 100 Hz, Rockland Model 852 
- Equalizer, InterM E Q 9131 
- Power amplifier, B&K 2706 
- 8 ICP microphones, B&K 4188 and 4189 
Inputs and outputs to the system 
The frequency range of interest for the measurement is from 0 to 6.4 kHz with 6400 lines. 
Random noise from 0 to 12.8 kHz will be injected via the compression drive and sound pressure 
level will be measured. Harming window will be required since the signal will be random noise. 
The data acquisition chain is as shown on Figure C.2. 
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Figure C.2: RT60 measurement wiring diagram 
C.3 Data analysis 
The interior of the cavity is considered uniform and is considered as a single diffuse field. The 
initial decay rate will provide the most relevant information about the absorption properties of 
the cavity as discussed by [Schroeder 1965], the second decay rate being attributed to the 
background noise. Furthermore, the use of random excitation will allow to obtain high signal-to-
noise ratios even with low-power test signals [Schroeder 1979]. 
Time signals are one second long and recording is triggered by source cut-off. Time traces clearly 
present an exponential decay as presented on Figure C.3. 
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Figure C.3: Microphone time traces of decay for reverberation time determination 
Post processing was conducted using Decay_cavite.m, Readpuise2p0.m and YonctionDecay4pO.ru, the 
two latter codes developed by Maxime Bolduc, a former PhD student at Gaus. These two latter 
codes respectively allow to read data exported from the Pulse system and allow to determine 
RT60 via the decay method. 
Every time traces were TOB filtered and the Schroeder decay functions are computed by 
integrating the squared values of the filtered time traces (which are the impulse response): 
CO 
(s2(t)) = NJr(x)dx (1.1) 
All computed Schroeder functions are averaged together and plotted on a logarithmic scale, 
giving a linear decreasing functions characteristic of exponential decay for each TOB. RT60 is then 
evaluated for each TOB from 100 to 5000 Hz by evaluation based on the decay rate of the linear 
part of the curve. Two examples of decay functions are shown on Figure C.4. 
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Time Decay for 100 Hz Time Decay for 5000 Hz 
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Figure C.4: Mean Schroeder decay function at 100 Hz and 5000 Hz with recursive TOB filtering 
With the reverberation time RT60 known by interpolation of the initial decay rate, the average 
absorption coefficient will be determined by 
0.161-K 
a = • 
RT60-S 
(1.2) 
With V the volume of the cavity and S the total surface of the interior faces of the cavity. 
The obtained results for RT60 and absorption are presented on Figure C.5. 
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Figure C.5: RT o^ and absorption spectra for the cavity with recursive TOB filtering 
It is seen on the time decay for 100 Hz on Figure C.4 that the decay function presents ripples in 
the initial decay rate, which is also the case for others TOB up to 315 Hz. 
The cause of these distortions might be that for the first TOB, the bandwidth is quite small, 
therefore the impulse response of the filter is long besides the impulse response of the cavity and 
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influences the observed decay. A solution suggested by Qacobsen 1987] is that reversing the 
decaying signal before applying it to the filter will allow to reduce significandy the adverse 
influence of the filter. 
This possible solution was tested and returned decay curves as shown on Figure C.6 and the 
computed RT60 and absorption presented on Figure C.7. The obtained values are in the order of 
magnitude expected. Figure C.8 presents a comparison between the obtained absorption in both 
cases of recursive and reversed TOB filtering. Results above 400 Hz agree perfectiy, thus 
validating the use of reversed filtering. Results obtained by the latter method will be considered as 
the appropriate values for absorption of the cavity walls. 
Schroeder's frequency, which represents the lower bound of validity for a statistical approach was 
calculated via equation (1.3) 
y>200oJ^ (1.3) 
With V the volume of the cavity and using an averaged RT60 of 0.7 s, leading to fs=\ 912Hz, 
thus allowing to affirm mat the inside of the cavity behaves as a diffuse field above 1972 Hz. 
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Figure C.6: Mean Schroeder decay function at 100 Hz and 5000 Hz with reversed filtering 
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Figure C.8: Comparison of absorption spectra for the cavity with recursive and reversed TOB filtering 
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Appendix D Exper imenta l validation for the mode l ing of the 
upper plate on rods 
D.l Purpose of the measurement 
This appendix details the measurement methodology that was employed to validate the proper 
modeling of the upper plate attached on four rods by comparison of the measured and modeled 
input mobility. Measurement were performed on January 28th, 2008. 
D.2 Description of the test bench 
The upper plate was assembled with the rods as described in Appendix A. The structure was 
attached to a rigid mass in GAUS laboratory as seen on Figure D. l . 
Figure D.l: Upper plate on rods attached to a rigid mass for measurement of input mobility 
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D.3 Methodology 
The plate is attached to the four rods and rigid mass as shown on Figure D. l . 
The excitation of the panel is provided by a type 4810 B&K vibration exciter connected 
to the upper plate through a dampened stinger and an impedance head glued to the latter 
plate. The input mobility was measured for three different locations. 
Random excitation was generated by the Pulse Analysis System. Consequently, a Hanning 
window has been applied to all the input signals. 
The impedance head allowed measurement of the input mobility. The acceleration signal 
was integrated within the Pulse system, leading to velocity measurements. Data was 
acquired in narrow bands from 0 to 5000 Hz. 
Data is exported using Bridge to Matlab feature of Pulse and recuperated using a in-house 
code developed by Maxime Bolduc in GAUS, ReadPulse2p0.m. Further post processing is 
accomplished via postproc_YO_J>late. m. 
D.3.1 Hardware and software requirement 
Pulse Analysis System, B&K 
- Power amplifier, B&K 2706 
- Vibration exciter, B&K 4810 
- Impedance head, PCB 288D01 
Vibration exciter support 
Rigid mass mount 
D.3.2 Inputs and outputs to the sys tem 
The frequency range of interest for the measurement is from 0 to 5 kHz with 6400 lines. Random 
noise from 0 to 12.8 kHz was injected via vibration exciter and acceleration was measured. 
Hanning window was applied since the signal was random noise. The data acquisition chain is as 
shown on Figure D.2. 
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Figure D.2: Clamped boundary conditions measurement diagram 
D.4 Data analysis 
As previously stated, all the acceleration signals from the impedance head and accelerometers 
were integrated during data acquisition. Consequendy, velocity at the excitation point was 
acquired using the impedance head. 
The input mobility is the FRF of the velocity to the force at the excitation point and is defined by 
Y0 = 
This input mobility can be expressed in dB as 
201og1 0(Re(70)) 
Experimental values will serve as a baseline for validation of modeling of the upper plate. 
(2.1) 
(2.2) 
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D.5 Numerical simulation 
The upper plate has been modeled using 2500 QUAD4 elements with properties as described in 
section 5.1. The rods were modeled as bar elements. Nodes at the location of connection of the 
rods to the plate were tested free of movement as well as constrained in rotation in order to 
evaluate the effect of neglecting the fact that rotations at the connection of the plate to the rods 
are restrained by the rods. The plate was submitted to the following boundary conditions and 
loading: 
• The nodes at the base of the rods are fixed 
• I N periodic force load in the vertical direction will be applied to the location 
corresponding the experimental application point of the excitation 
• The modal damping was extracted from the experimental data and applied to the 
numerical simulation as the damping spectra for the plate. 
The frequency range for direct resolution is from 10 to 5000 Hz in 2496 points, corresponding to 
a linear step of 2 Hz. The case was submitted to parallel calculation on Mammouth 
supercalculator of Universite de Sherbrooke. Numerical results were then compared to 
experimental data in terms of input mobility as seen on Figure D.3 for the case of the nodes of 
connection unconstrained and on Figure D.4 for the case of the nodes constrained in rotation. 
Good agreement is found between numerical and experimental data up 2500 Hz for the case of 
the nodes constrained in rotation whereas the first modes are shifted for the unconstrained case, 
thus allowing to demonstrate the necessity to constrain the rotation at the connections, which 
makes sense considering the rotational efforts transmitted at the connections from the rods 
applied to the plate. 
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Figure D.3 : Comparison of the measured input mobility for the upper plate vs numerical results for the 
case of the rods modeled as bar elements 
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Figure D.4 : Comparison of the measured input mobility for the upper plate vs numerical results for the 
case of the rods modeled as beam elements 
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Appendix E Exper imen ta l validation for the c l amped boundary 
condi t ions of the lower plate a t tached to the cavity 
E.l Purpose of the measurement 
This appendix details the measurement methodology that was employed to validate the proper 
modeling of the boundary conditions applied to the lower plate clamped to the cavity. 
Measurement were performed on January 25th, 2008. 
E.2 Description of the test bench 
The structure was attached to a cavity in GAUS laboratory. This cavity will be used for further 
tests on structure coupled to an acoustic cavity. The constructed cavity is shown in Figure E. l . It 
is assumed rigid with internal dimensions of 110cm x 77cm x 85 cm. The total thickness of the 
walls is 4". Walls are made with a multilayer of wood panels. The multilayer is constituted from 
the inside to the outside by one layer of 5/8"MDF plus 4 layers of plywood. The different layers 
are glued together with a dissipative product (green glue) in order to increase the transmission 
loss of the box, especially at low to mid frequencies. A layer of 'Barrymat' sound deadener 
material is applied on the external face of the box. 
The internal surface is finished with a hardened varnish applied on 5 /8" MDF panels in order to 
increase reverberation of acoustic waves into the box. The Cavity has two openings. In the first, a 
test panel is clamped. The second is opening is used to (i) install up to 8 microphones inside the 
box and (ii) is opened to avoid coupling with the cavity during uncoupled modal tests. During the 
later tests, the box is opened and its walls are covered with absorbent materials as seen on Figure 
E.2. Both openings can be closed using caps with the same construction as the cavity walls. 
142 
Figure E.l : Test box with test plate during modal Figure E.2 : Absorbent material inside of the cavity 
testing (the cavity is open and treated with and opened access opening to avoid fluid structure 
absorbent materials) interaction 
E.2.1 At tachment of the plate to the cavity 
Clamped boundary conditions were chosen for the lower plate in order to validate the developed 
model with measurement results without recourse to the modeling of the installation frame. 
However, in practice, a perfect clamped condition is difficult to reproduce. 
The clamping method consisted in inserting the test plate between two steel frames, bolted 
together through a series of holes. The frames are machined in order to clamp the plate between 
two lips as shown on Figure E.3. This setup allows a better control of the load all around the test 
plate. 40 bolts are used to ensure a good control of the clamp all around the plate. The bolts are 
inserted in a manner that the load on the frame remains constant all around the plate. A drill with 
a clutch is used to control the tightness. 
Finally, the mounting frame is installed in the cavity opening and clamped using another thick 
aluminum frame, fixed to the cavity wall through 18 heavy duty clamps as seen on Figure E.4. 
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Figure E.3: Principle of the clamping frame Figure E.4: Plate attached to the cavity 
E.3 Methodology 
• The plate is attached to the cavity as shown on Figure E.4 
• The box is kept opened and its walls are covered with absorbent materials as seen on 
Figure E.2. 
• The excitation of the panel is provided by a type 4810 B&K vibration exciter connected 
to the plate through a dampened stinger and an impedance head glued to the latter plate, 
as shown in Figure E. l . 
• Random excitation was generated by the Pulse Analysis System. Consequentiy, a Hanning 
window has been applied to all the input signals. 
• The impedance head allowed measurement of the input mobility. The acceleration signal 
was integrated within the Pulse system, leading to velocity measurements. Data was 
acquired in narrow bands from 0 to 5000 Hz. 
• Data is exported using Bridge to Matlab feature of Pulse and recuperated using a in-house 
code developed by Maxime Bolduc in GAUS, ReadPulse2p0.m. Further post processing is 
accomplished via postproc_YO_pIate. m. 
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E.3.1 Hardware and software requirement 
Pulse Analysis System, B&K 
Power amplifier, B&K 2706 
- Vibration exciter, B&K 4810 
- Impedance head, PCB 288D01 
Vibration exciter support 
RTC3 cavity 
E.3.2 Inputs and outputs to the system 
The frequency range of interest for the measurement is from 0 to 5 kHz with 6400 lines. Random 
noise from 0 to 12.8 kHz was injected via vibration exciter and acceleration was measured. 
Hanning window was applied since the signal was random noise. The data acquisition chain is as 
shown on Figure E.5. 
Computer 
Pulse Analysis 
System 
Input 1-2 
-Output 1-
• Input Force 
• Acceleration 
Random 
noise 
Power amplifier 
Vibration exciter 
Impedance head k-
Figure E.5: Clamped boundary conditions measurement diagram 
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E.4 Data analysis 
As previously stated, all the acceleration signals from the impedance head and accelerometers was 
integrated during data acquisition. Consequently, velocity at the excitation point was acquired 
using the impedance head. 
The input mobility is the FRF of the velocity to the force at the excitation point and is defined by 
V 
Y0 = - (3 
This input mobility can be expressed in dB as 
201og1 0(Re(y0)) (3 
Experimental values will serve as a baseline for validation of the clamped boundary conditions for 
the lower plate. 
E.5 Numerical simulation 
The clamped plate has been modeled using 3375 QUAD4 elements with properties as described 
in section 5.1. The plate was submitted to the following boundary conditions and loading: 
• The nodes at the edges of the plate are fixed 
• I N periodic force load in the vertical direction will be applied to the location 
corresponding the experimental application point of the excitation 
• The modal damping was extracted from the experimental data and applied to the 
numerical simulation as the damping spectra for the plate. 
The frequency range for direct resolution is from 10 to 5000 Hz in 2496 points, corresponding to 
a linear step of 2 Hz. The case was submitted to parallel calculation on Mammouth 
supercalculator of Universite de Sherbrooke. Numerical results were then compared to 
experimental data in terms of input mobility as seen on Figure E.6. Very good agreement is found 
between numerical and experimental data up the first 8 modes, thus allowing to validate that the 
clamped boundary conditions can be assumed for the lower plate attached to the cavity. 
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Figure E.6 : Comparison of the measured input mobility for the clamped lower plate vs numerical results 
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Appendix F Measu remen t of the loss factors of the structure for 
exper imental SEA 
F.l Purpose of the measurement 
This appendix details the measurement methodology that was employed to determine the SEA 
loss factors of the structure in vacuo. Measurement were performed on February 12th, 2008. 
Experimental values will a be used to feed the SEA model with experimental CLFs and DLF 
spectra for both plates and rods. The obtained loss factors will be used as well for the coupled 
structure-cavity SEA model based on the assumption that the cavity does not influence 
significandy the transmission path between both plates. 
F.2 Description of the test bench 
F.2.1 Description of the cavity 
The structure was attached to a cavity in GAUS laboratory as already described in Appendix E.2. 
F.2.2 Attachment of the structure to the cavity 
The plates and rods are assembled together as described in Appendix A. Then, the structure is 
attached to the cavity opening and clamped as presented in Appendix 0. 
F.3 Methodology 
• The plates and rods are assembled together and the structure is attached to the cavity as 
on Figure F.l same as for the measurement of the response of the structure described 
previously.. 
• The box is kept opened and its walls are covered with absorbent materials for the in 
vacuo response. 
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• The excitation of the panel is provided by a type 4810 B&K vibration exciter connected 
to the upper plate through a dampened stinger and an impedance head glued to the latter 
plate, as shown in Figure F.l. 
• Random excitation was generated by the Pulse Analysis System. Consequendy, a Hanning 
window has been applied to all the input signals. 
• The impedance head allowed measurement of the input power via the cross-spectrum 
between force and velocity at force injection point. 
• Vibration levels were measured on 24 locations on each plate for a given excitation 
location using 3 roving accelerometers. The acceleration signals were integrated within the 
Pulse system, leading to velocity measurements and referenced to the input force. Data 
was simultaneously acquired third octave bands from 0 to 5000 Hz. 
• Time decay of the response of the plates was measured after excitation cut off for a 
duration of 1 s. 
• Three excitation locations were tested on each plate to satisfy the spatial average 
assumption. 
• Data is exported using Bridge to Matlab feature of Pulse and recuperated using a in-house 
code developed by Maxime Bolduc in GAUS, ReadPuIse2p0.m. Further post processing for 
the SEA loss factors is accomplished via SEA_vquad_structuralV1 p1 .m and 
¥onctionDecaj4p0.m, the latter code developed by Maxime Bolduc. All calculations are 
based on the theory presented in section 3.1. 
Figure F.l: Structure mounted to the cavity and vibration measurement on the plates 
149 
F.3.1 Hardware and software requirement 
Pulse Analysis System, B&K 
- Power amplifier, B&K 2706 
- Impedance head, PCB 288D01 
- 3 Accelerometers, B&K 4397 
Accelerometer calibrator, B&K 4294 
Vibration exciter support 
RTC3 cavity 
F.3.2 Inputs and outputs to the sys t em 
The frequency range of interest for the measurement is from 0 to 5.0 kHz using a CPB (Constant 
Point Bandwidth) analyser. Random noise from 0 to 12.8 kHz was injected via vibration exciter 
and acceleration was measured. Hanning window was employed since the signal was random 
noise. The data acquisition chain is as shown on Figure F.2. 
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Figure F.2: Structure response measurement diagram 
F.4 Data analysis 
As previously stated, all the acceleration signals from the impedance head and accelerometers 
were integrated during data acquisition. Consequently, velocity was acquired using these 
transducers. 
Each velocity measurement auto-spectrum were saved to lead to the mean quadratic velocity in 
post-processing. The cross-spectrum between the input force and input velocity was employed 
for the calculation of the input power. All calculations were performed based on the theory 
presented in section 3.1. 
Time signals were one second long and recording is triggered by source cut-off. Time traces 
clearly present an exponential decay as presented on Figure F.3. 
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Figure F.3: Microphone time traces of decay for reverberation time determination 
Every time traces were TOB filtered and the Schroeder decay functions were computed using 
theory presented in section 3.1.2 and averaged together and plotted on a logarithmic scale, giving 
a linear decreasing functions characteristic of exponential decay for each TOB. RT60 is then 
evaluated for each TOB from 100 to 5000 Hz by evaluation based on the decay rate of the linear 
part of the curve. Two examples of decay functions are shown on Figure F.4. 
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Figure F.4: Mean Schroeder decay function at 100 Hz and 5000 Hz with recursive TOB filtering 
Damping loss factors for the upper and lower plate based on both methods are shown on Figure 
F.5 and Figure F.6 and compared to the values from the adjusted FEM model. It is found that 
the SEA matrix inversion method leaded to negative DLF values for the upper plate over a part 
of the frequency range. At the corresponding frequencies were found high damping values for the 
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lower plate. Negative DLF values are not physical as discussed by [MANIK 1997] and 
[HOPKINS 2001] and might origin from the ill-conditioning of the energy matrix because of 
strong coupling and low damping value . Thus, the DLF values obtained from this approach were 
considered as erroneous below 1250 Hz. Consequently, the results of SEA modelling based on 
loss factors obtained from SEA matrix inversion will be considered only for frequencies greater 
thant 1250 Hz. 
The coupling loss factor from the upper plate (1) to the lower plate (2) obtained from both 
methods are displayed in Figure F.7 and compared to the values computed using the adjusted 
FEM model. It is found that results from both methods follow the same trend and are 
approximately of the same order of magnitude. Results from a SEA model with loss factors from 
both methods will be compared to experimental results. However, since the SEA matrix inversion 
method failed to yield positive DLF values below 1250 Hz, the results of SEA modelling based 
on loss factors obtained from SEA matrix inversion will be considered valid only for frequencies 
greater than 1250 Hz. 
5000 
f(Hz) 
Figure F.5 : Damping loss factor for the upper plate. Comparison between values obtained from SEA 
matrix inversion and decay versus experimental modal damping adjusted by FEM simulations. Notice that 
negative DLF values have no physical signification. 
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Figure F.6 : Damping loss factor for the lower plate. Comparison between values obtained from SEA matrix 
inversion and decay versus experimental modal damping adjusted by FEM simulations. Notice that higher 
DLF values for the SEA inversion method occur at coincident frequencies with negative DLF values for the 
upper plate. 
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Figure F.7 : Coupling loss factors obtained from both SEA matrix inversion method and decay followed by 
power balance compared to the coupling loss factor obtained from FEM simulations. Coupling loss factor 
Y]i2 is related to the energy flow from the upper plate to the lower plate. 
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Appendix G Hybrid FEM-SEA applied to double wall 
transmission problems 
A field of application for the hybrid FEM-SEA method that appeared interesting during the 
current thesis is the application to the problem of the transmission loss in double wall layers 
(DWL). A study on modelling the transmission loss of DWL was conducted by 
[LEGAULT 2007] in the GAUS facilities, with particular interest in the effect of the structural 
transmission path of the structural mounts. 
G.l Experimental setup 
An experimental setup was realized in order to allow validating the approaches studied by 
Legault. 
As can be seen on Figure G.l , the structure consisted in an aluminium plate (left) backing the 
emitter cavity on which are installed 4 rods acting as trim mounts. Noise control treatment was 
added by the use of light glass wool (center). Finally, the a second plate (right) is installed on the 
four rods to close the DWL, facing the receiver cavity. 
Figure G.l: Experimental setup for the double wall layer. Left: Aluminium plate with 4 studs; center: light 
glass wool noise control treatment; right: second aluminium plate added to close the double wall. 
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G.2 Modeling strategy 
A hybrid FEM-SEA model was developed in collaboration with Legault to evaluate the validity of 
such an approach for the problem of the DWL with a structural short circuit. 
G.2.1 SEA subsys tems 
The developed hybrid model was based on the standard SEA modeling method for DWL 
presented by [ATALLA & al. 2007]. Consequently, the modeling accounted for five SEA 
subsystems as shown on Figure G.2: 
1. Emitter cavity submitted to imposed sound pressure level 
2. First aluminium plate 
3. Air gap between the plates 
4. Second aluminium plate 
5. Receiver cavity. 
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Figure G.2 : SEA model of a double wall structure including structural connections 
156 
G.2.2 SEA Connect ions 
In the current model, coupling loss factors related to resonant transmission were obtained from 
standard SEA formulations. Non resonant paths 3-1 and 3-5 between the air gap and both 
cavities was not taken into account whereas the coupling loss factor related to non resonant (mass 
law) transmission between emitter and receiver cavities was obtained from (4.1) using the from 
the transmission coefficient r15 of a system made up from the plates modeled as impervious 
screens enclosing the NCT and an air cavity using a finite transfer matrix method (FTMM) with 
Nova 
AcoVx 
Am being the average area of the skin and trim panels, c the speed of sound and V1 the volume of 
the source cavity. 
The coupling loss factor between both plates for the "short-circuit" path 4-2 created from the 
presence of studs was the cornerstone for the relevance of a hybrid FEM-SEA approach. Indeed, 
the low modal density of the mounting studs did not allow to represent the latter studs as SEA 
subsystem. 
Consequently, the numerical application has been implemented based on the following 
assumptions. 
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The assumptions 
The rods will be modeled deterministically 
On the other hand, the plates, cavities and air gap, with high modal count will be modeled 
as a stochastic subsystem 
The connections between both plates via the rods are assumed incoherently coupled. This 
assumption is acceptable when the wavelength of a free wave in the stochastic plate is 
short in comparison with the spacing between the connections or when there is 
uncertainty in the exact location of the connections as discussed by by 
[COTONI &aL 2007] and [SHORTER & d. 2005d]. 
The non resonant transmission between emitter and receiver cavity was determined via a 
FTMM approach 
The noise control treatment is acting as 
o extra damping to the plate backing the emitter cavity, 
o extra absorption in the air gap 
o insertion loss added to the DWL 
Modeling the deterministic structure 
The determinist structure, in the present case the 4 rods, was modeled deterministically via the 
finite elements method. The modal basis was extracted from Nastran for this FEM part with free 
boundary conditions and recuperated via Matlab as described in section 3.1. Rods properties are 
shown in Table G.l . 
Table G.l: Rods properties for the double wall transmission problem 
Property 
Length 
Diameter 
Young's Modulus 
Density 
Poisson's Ratio 
Structural Damping rj 
Rods 
0.100m 
0.001268 m 
70GPa 
2700 kg/m3 
0.33 
1 % 
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Modeling the SEA subsystems 
The second step of the approach was to model stochastically the plates and cavities, which was 
performed using a developed Matlab routine. Plate properties are presented in Table G.2. 
Table G.2: Plate properties for the double wall transmission problem 
Property 
Length 
Width 
Thickness 
Young's Modulus 
Density 
Poisson's Ratio 
Structural Damping 77 
Plate 1 
0.500m 
0.300 m 
0.002 m 
73.1 GPa 
2780 kg/m3 
0.33 
0.7% 
Plate 2 
0.200m 
0.216 m 
0.003175 m 
68.9 GPa 
2730 kg/m3 
0.33 
0.7% 
Determination of the equations 
The first step of the hybrid approach was to obtain the stiffness matrix for the deterministic 
subsystem, which was performed by recuperating the eigenvalues and eigenvectors within the 
frequency range of interest with Nastran. Only rigid modes occurred below approximately 
18 kHz. The deterministic dynamic stiffness matrix Ddetwas assembled from the dynamic 
stiffness of the global basis functions. 
The second step of the approach was to model stochastically the larger plate, which was 
performed using a developed Matlab routine. The local direct field dynamic stiffness arising from 
the progagation of flexural waves within the plate was calculated for each point connection using 
the wave approach described by [LANGLEY & al. 2003]. The direct field dynamic stiffness was 
then projected from the plate local set of coordinates to the modal base of coordinates, for each 
connection and the direct field dynamic stiffness matrix of the statistical subsystem D ^ was the 
sum of the 4 direct field dynamic stiffnesses computed individually. 
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The latter approach was justified by the assumption that the four point connections were 
assumed uncorrelated and allowed to neglect the coherence between the four connections, 
allowing a gain in computational efficiency. This assumption is acceptable when the wavelength 
of a free wave in the stochastic plate is short in comparison with the spacing between the 
connections or when there is uncertainty in the exact location of the connections as discussed by 
by [COTONI &aL 2007] and [SHORTER & al. 2005d]. 
The total dynamic stiffness of the system in the modal base Dto/ was assembled and the coupling 
loss factors between both plates through the structural short circuit created by the rods was 
calculated. Then, a standard SEA power balance equation was assembled and solved, leading to 
the modal energy of the stochastic plate which could be used to determine the transmission loss 
of the double wall. 
Solution to the hybrid equations 
The hybrid calculations were implemented in Matlab and the computations were realised from 
16 Hz to 10 kHz in third octave bands. 
The modal analysis of the deterministic plate required 5 seconds under NX Nastran and the 
hybrid calculations required approximately 1 minute, for a total calculation time of approximately 
70 seconds. 
G.3 Comparison of the hybrid FEM-SEA with experimental results 
The obtained hybrid FEM-SEA results for transmission loss were compared to experimental data 
by [LEGAULT 2007] as shown on Figure G.3. The results obtained using the hybrid approach 
turned to be of interest as the "short-circuit" effect of bars is clearly exhibited with the hybrid-
SEA approach even if both hybrid-SEA curves give stronger TL values than experimental curves 
at high frequencies. 
Indeed, the "short-circuit" effects occurs at a frequency referred to as "bridge frequency", in the 
present case around approximately 1 kHz, where the transmission loss curve becomes parallel to 
the mass law curve. 
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Potential explanations for the remaining discrepancies between experimental and numerical data 
could be 
Absorption within the air gap was not determined exactly 
Noise control treatment (fiberglass) characterization could be investigated 
Possible leaks can have occurred in the experimental setup. 
However, the following results allow to demonstrate the relevance for a hybrid FEM-SEA 
modeling approach for the problem of the structure-borne noise transmission in double walls 
since the "short-circuit" effect clearly appears in both experimental and numerical results. 
Frequency(Hz) 
Figure G.3 : Hybrid-SEA vs experimental results for the double wall transmission problem. Figure from 
[LEGAULT2007]. 
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